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xviiiThe ﬁrst group of systems implements a centralised feed-forward control strategy for the
directcontroloftheglobalsoundﬁeld. Thisapproachhasbeenimplementedas’activenoise
control’ (ANC) and ’active noise and vibration control’ (ANVC) systems. ANC systems
are implemented using a set of loudspeakers that are driven by a multi-channel feed-forward
controllertoproduceasecondaryacousticﬁeldthatdestructivelyinterfereswiththeacoustic
sound ﬁeld in the cabin produced by the primary noise sources [11]. ANVC systems are
implemented using structural actuator transducers in order actively to alter the vibration of
the fuselage skin in order to minimise the overall interior sound levels in the cabin [12].
ANC systems use exclusively acoustic error sensors (microphones), whereas for ANVC
systems both acoustic and structural sensors are employed. In both cases the signals from
the error sensors are used to deﬁne a global cost function and the centralised feed-forward
controller drives the actuators in order to minimise the overall interior noise level in the
cabin [11]. Signiﬁcant global reduction of the overall interior noise levels can be achieved
for low frequencies where the acoustic wavelength is long or of similar length as the cabin
interior dimensions such that the acoustic ﬁeld is dominated by a small number of discrete
acoustic modes. As frequency increases the acoustic wavelength reduces and the acoustic
ﬁeld inside the cabin is formed by an increasing number of overlapping modes. Global
control at high frequencies therefore requires more complex control systems with unfeasibly
high numbers of error sensors and actuators. For a feed-forward strategy it is also necessary
to obtain a causal and well-correlated reference signal to the primary disturbance, such
as for example the rotational speed of a propeller rotor shaft. If the dominating primary
excitation is stochastic and broad-band, such as those induced by jet noise and turbulent
boundary layers, it is rather difﬁcult to obtain a correlated reference signal since a large
array of sensors should be used and the time advance of the measured signal would be very
short. Therefore it would be particularly challenging to build a causal controller [13].
This ﬁrst group of control systems allows efﬁcient control of the sound ﬁeld in a conﬁned
acoustic space, such as the interior of an aircraft cabin or the passenger compartment of a
car, if the interior noise is dominated by a tonal deterministic disturbance for which a well
correlated control signal is available. Drawbacks of these approaches are the rather com-
plex architecture of the centralised controller particular when a large number of actuators
and sensors are employed. Also the amount of wiring required for data and power cables
for these centralised systems introduces considerable additional weight and additional in-
stallation and maintenance costs.
6As an alternative the second group of control systems implement control exclusively em-
ploying structural sensor and actuator pairs on the fuselage skin or the trim panels. This
strategy alters and reduces the structural vibration and sound radiation from the fuselage
panels and hence reduces the overall fuselage vibration and noise transmission into the
cabin interior. Both feed-forward and feedback strategies have been investigated [14].
In contrast to feed-forward strategies, no reference signal is required for feedback control
approaches. Therefore feedback control systems are better suited to control stochastic pri-
mary excitations with broad-band excitation spectra. Depending on the sensor and actuator
arrangements feedback control approaches can be classiﬁed into single input single output
(SISO) feedback control strategy via a single distributed actuator-sensor pair and decen-
tralised multi-input multi-output (MIMO) feedback control via a large number of localised
actuator-sensor pairs. Also hybrid approaches with modular distributed MIMO feedback
strategies have been investigated where the signals of a group of local sensors is used to
create the input signals to a group of local actuators [15, 16].
With decentralised feedback architectures a rather large number of control units can be used
so that the frequency range over which the control system is effective can be extended to
higher frequencies. This is because the systems are modular and can be integrated with the
panel so that no extensive wiring and no complex central controller unit is required. Also the
modal density for the panel structures is increasing with a much lower rate (it is constant
for thin homogeneous panels) than the modal density of a three dimensional sound ﬁeld
and thus for a given number of control units, larger control effects would be produced than
with decentralised acoustic systems. The principal issue of decentralised feedback control
strategies is the stability of feedback loops with practical sensor-actuator pairs. In particular
undesired cross-coupling effects within larger arrays of practical feedback control units may
lead to instabilities even for low control gains.
CentralisedANCfeed-forwardcontrolsystemshavebeensuccessfullyimplemented, mainly
with application to commercial aircraft. Control systems that directly act on the fuselage
skin or inner trim panel promise solutions to a wide range of practical problems. However,
this type of systems has not yet reached the stage of development for use in commercial
applications. In recent years much research effort has been put towards the investigation of
modular systems with local sensor-actuator pairs with distributed and decentralised feed-
back control strategies. As result a number of practical demonstrators in the form of smart
panels were produced. The next section focuses on a review of some of the important steps
7trol’(AVC)may provide asimple andeffective alternative approach for thecontrol ofbroad-
band vibration and sound radiation by structures, particularly in the low frequency range
where the response of the panels is dominated by well-separated resonant modes. With
these systems multiple actuators and sensors are arranged in closely spaced pairs, ideally
collocated, so that simple local feedback control loops can be implemented around each
pair. If the sensors and actuators are chosen such that the sensor and actuator output signals
form power conjugated pairs, e.g. transverse velocity and transverse force, then a single
feedback loop and also an array of such local control loops, can be shown to be uncondi-
tionally stable [24, 25]. This is true even for large changes in the response of the structure
or the failure of individual control units.
Over the recent few years there has been some controversy whether decentralised AVC ap-
proaches can perform as well as approaches implementing centralised or distributed control.
A comparative study has shown that decentralised AVC control systems can perform as well
as centralised and distributed control strategies if the objective is to achieve broad-band re-
ductions in structural vibration and sound radiation [26]. Centralised and distributed AVC
strategies were shown to be more efﬁcient if the objective is to control a narrow band of
frequencies. Hence, for the control of structures excited by broad-band stochastic excita-
tion, both approaches are expected to show similar performance. In fact if the centralised
controller is set to minimise the overall vibration of a panel due to a broad-band excitation,
the off-diagonal terms of the fully populated control matrix vanish so that the control sig-
nals are dominated by the output of the collocated sensor and hence decentralised control is
implemented.
The decentralised AVC approach has the advantage of being relatively simple and modu-
lar. The simplest type of local control is velocity feedback with a collocated force actuator,
which is physically equivalent to adding a point damper to the system [19]. For structures
with a low modal density, where the response at any one frequency is dominated by a single
mode, adding ”point dampers” can be very effective, both in terms of controlling structural
response and sound radiation. This strategy has recently been successfully adopted in the
control of sound radiation and transmission by thin structures. In this case two-dimensional
arrays of decentralised velocity feedback control units have been used to generate active
damping in the structure [27, 28, 29, 30, 31, 32, 33, 34]. Also decentralised velocity feed-
back control has been used to control the sound transmission through a double panel by
controlling the relative velocity between the source panel and the radiating panel [35, 36].
9positions. Thus the spatial integrals in the expressions for the kinetic energy and sound
power radiation are replaced by sums over the grid of elements.
Following the work presented in References [20, 22, 23], this chapter ﬁrst describes the
element-based modelling approach for the structural vibration and sound radiation by pas-
sive thin rectangular panels with a given set of point force excitations. Then the formulation
is expanded in such a way as to consider distributed deterministic excitation, i.e. Acoustic
Plane Wave excitation (APW) and distributed stochastic excitation, i.e. Acoustic Diffuse
Field (ADF) and Turbulent Boundary Layer excitation (TBL).
The effect of multichannel feedback control with point actuator and sensor transducers is
also integrated in the elemental model. The elemental and feedback control models are cast
into a matrix formulation that can be graphically represented in terms of a two-port block
diagram with a multi-channel feedback loop.
This chapter presents the principal steps and equations of the model. A detailed summary
of the expressions used in the formulation are given in Appendices A and B. In particular:
• Appendix A summarises the expressions used to derive the the natural frequencies,
natural modes and point and transfer mobilities of thin homogeneous isotropic panels.
• Appendix B gives the formulations for panel kinetic energy and radiated sound power
for deterministic and stochastic excitations which are derived from ﬁrst principles.
In this study the point and transfer mobility functions between the locations on the panel
are derived from ﬁnite modal expansion formulations which are given in Appendix A. The
particular model problem studied in this thesis is shown in Figure 2.1 and resembles a
rectangular panel mounted in an inﬁnite bafﬂe. The geometry and physical properties for
the homogeneous aluminium panel considered for the simulation studies in this chapter and
Chapter 3 are given in Table 2.1 and represents a typical panel in an aircraft fuselage.
19be determined with the following matrix expression,
˜ ˙ we(ω) = ˜ Yep(ω)˜ Fp(ω), (2.2)
ep Y %
p F %
e w % &
Figure 2.3: Block diagram for passive response of a panel elements to a discrete primary excitation.
where ˜ ˙ we is a [Ne × 1] vector containing the elemental velocities
˜ ˙ we(ω) =

      
      
˜ ˙ we1(ω)
˜ ˙ we2(ω)
. . .
˜ ˙ weNe(ω)

      
      
(2.3)
and ˜ Fp(ω) is the [Np × 1] vector of discrete primary excitation forces,
˜ Fp(ω) =

      
      
˜ Fp1(ω)
˜ Fp2(ω)
. . .
˜ FpNp(ω)

      
      
. (2.4)
The [Ne × Np] mobility matrix ˜ Yep(ω) contains the transfer mobilities between the centres
of the panel elements and the primary excitation locations. The formulation presented above
is general and not restricted to thin rectangular plates. Thus it can be used for other struc-
tures such as curved shells provided expressions for the structural point and transfer mobil-
ities are available, i.e. expressions for the natural frequency and modes of the structure. In
this study the response of the panel is described using thin plate theory. The expressions
given in Appendix A for the natural frequencies and natural modes of thin rectangular plates
are taken from references [47, 48].
The total number of elements Ne is given by the product of the number of elements along
the x and y-axis Nex × Ney. The number of elements along each axis depends on the
shortest bending wavelength of the panel at the highest frequency of interest. At least two
elements per wavelength are needed to describe the panel motion uniquely, i.e. to avoid
22X
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Figure 2.5: Angle of incidence for acoustic plane wave.
Assuming time-harmonic pressure ﬂuctuations, the incident sound pressure p(x,y,t) acting
on the source side of the panel is given as
p(x,y,t) = Re{ˆ p(ω)e
j(ωt−kxx−kyy)}, (2.6)
where ˆ p(ω) is the pressure amplitude of the incident wave. The wavenumbers in the x and
y directions, kx and ky, are given by
kx(ω) = k0(ω)sinθcosϕ, (2.7)
ky(ω) = k0(ω)sinθsinϕ, (2.8)
where k0(ω) = ω/c0 is the wavenumber of sound in the surrounding ﬂuid. The ﬂuid proper-
ties of air used throughout the simulation studies are given in Table 2.2 below. The pressure
amplitude ˆ p(ω) is set to unity. The angle of incidence ϕ is set to 45◦ while different values
for the angle θ are considered.
Table 2.2: Acoustical parameters of air
Parameter Symbol Value Unit
Speed of sound c0 343 m/s
Density ρ0 1.21 kg/m3
Speciﬁc impedance Z0 = c0ρ0 415 Ns/m3
In order to predict the response due to a plane wave excitation, the panel needs to be sub-
divided into an appropriate number of equally spaced and sized elements. The minimum
24surface velocities and radiation impedance. Utilising matrix algebra Equation (2.13) can be
cast in the form [see Appendix B, Equations (B.33) to (B.41)]
P(ω) = ˜ ˙ w
H
e (ω)Rrad(ω)˜ ˙ we(ω), (2.14)
Substituting Equation (2.5) into Equation (2.14) gives the total sound power radiated in
terms of the vector of the elemental forces
P(ω) = ˜ F
H
e (ω)˜ Y
H
ee(ω)Rrad(ω)˜ Yee(ω)˜ Fe(ω), (2.15)
where Rrad(ω) in Equations (2.14) and (2.15) is the [Ne × Ne] radiation matrix with the
elements [see Appendix B, Equations (B.43) to (B.46)]
Rradi,j =
ω2ρ0A2
e
4πc0
sin(k0Ri,j)
k0Ri,j
. (2.16)
In this equation k0 is the acoustic wavenumber on the receiving side of the panel and
Ri,j =
 
(xi − xj)2 + (yi − yj)2 is the distance between the centres of the elements i and
j. The distance Ri,i is zero, thus the radiation terms Rradi,i on the main diagonal of the
radiation matrix are undeﬁned. However, using L’ Hˆ opital’s rule [49] it is found that
lim
R→0
sin(k0R)
k0R
= lim
R→0
k0 cos(k0R)
k0
= 1. (2.17)
Figure2.6alsoshowsthespectrumofthetotalsoundpowerradiatedbythepanelconsidered
above in the frequency range between 50 Hz and 20 kHz for plane acoustic wave excitation
incident at an angle θ=45◦ and angle ϕ=45◦, normalized to an acoustic pressure amplitude
of 1 Pascal. At low frequencies the spectrum of the radiated sound power is dominated by
the response of the principal panel mode. The resonance peaks of low order modes with low
radiation efﬁciency (even, symmetric panel modes) are small compared with those of modes
with higher radiation efﬁciency (odd, asymmetric panel modes). As found for the vibration
response of the panel, above 1500 Hz the total sound power radiated is characterised by
overlapping clusters of modes and rolls off following a mass law. However, in this case,
the sound power starts to rise again from about 5 kHz since the sound radiation becomes
increasingly effective above the acoustic critical frequency, which for this panel is at about
7.5 kHz. Moreover, between 10 kHz and 20 kHz there is a wide frequency band peak due
to the coincidence effect of the acoustic wave incident at θ=45◦.
27T(ω) = 10log10 (τ(ω)). (2.20)
The sound transmission loss or sound reduction index in decibels is calculated from the
reciprocal of the transmission coefﬁcient and is expressed as follows:
TL(ω) = 10log10
 
1
τ(ω)
 
. (2.21)
Approximate solutions for the sound transmission coefﬁcient are widely discussed in the lit-
erature. In Reference [5] Fahy discusses an approximate formulation that allows the trans-
mission coefﬁcient to be evaluated for inﬁnite thin panels due to plane wave excitations
depending on the out-of-plane incidence angle θ
τ(θ) =
 
2Z0
ωm′′
 2 sec2(θ)
  
2Z0
ωm′′
 
sec2(θ) + η
 
k0
kb
 4
sin
4(θ)
 2
+
 
1 −
 
k0
kb
 4
sin
4(θ)
 2, (2.22)
where kb is the bending wavenumber, m′′ is the mass per unit area of the panel and η is
the damping loss factor. Fahy [51] also gives an approximation for the sound transmis-
sion coefﬁcient through a thin unbounded panel mounted upon a viscously damped elastic
suspension. This is a ﬁrst order approximation for the fundamental mode of a large ﬁnite
panel. The formulation is derived for an acoustic plane wave excitation normal to the sur-
face (θ = 0). For non-identical media on both sides of the panel, the transmission coefﬁcient
τ0 is given as
τ0 =
4n
 
ωm′′− s
ω
Z2
 2
+
 
ω1,1m′′η
Z2 + n + 1
 2, (2.23)
where n is the ratio between the speciﬁc impedance of the ﬂuid on the source side Z1 and the
speciﬁc impedance of the ﬂuid on the receiving side of the panel Z2 so that
n = Z1/Z2 = ρ1c1/ρ2c2 and s is the stiffness per unit area at the fundamental panel bending
mode given by s = m′′ω2
1,1. In the case that the ﬂuid on both sides of the panel is air, the
sound transmission coefﬁcient well above the ﬁrst natural frequency of the panel ω1,1 can
be approximated as [51]
τ0 =
 
2Z0
ωm′′
 2
. (2.24)
29This indicates that the transmission coefﬁcient is dropping by 6 dB per frequency doubling
i.e. 20 dB per decade and is known as the ’mass law’.
Figures 2.7 and 2.8 show the sound transmission index predicted using the elemental ap-
proach and the approximate solutions from Equations (2.22) and (2.23). The results for an
acoustic plane wave incident at an angle θ=0◦ (normal to the panel) in Figure 2.7 show that
at low frequencies, up to 800 Hz, the modal response of the panel controls the transmission
coefﬁcient and the agreement is poor between the elemental approach and the analytical
approximations. Above 800 Hz the results from the elemental approach and both the results
for τ(θ = 0) from Equation (2.22) and τ0 from Equation (2.23) are in good agreement up
to about 5000 Hz. Above 5000 Hz the transmission index predicted from the elemental
approach is higher due to acoustic radiation coincidence effects which are not captured in
the analytical solutions. These coincidence effects are further discussed in Chapter 3.
Figure 2.8 shows the results for an acoustic plane wave incident at an angle θ=45◦ and
ϕ=45◦. At low frequencies, up to 1000 Hz, the modal response controls the transmission
coefﬁcient. Again poor agreement is found between the elemental approach and the analyti-
cal approximations. Above 1000 Hz the results from the elemental approach and the results
for τ(θ = 45◦) from Equation (2.22) converge asymptotically up to about 5000 Hz. Above
5000 Hz the transmission loss predicted from the elemental approach exhibits radiation co-
incidence effects and excitation coincidence effects. The radiation coincidence effects are
not captured in the analytical solutions from Equation (2.22). However the formulation in
Equation (2.22) captures the excitation coincidence effect due the projection of the incident
plane wave, which occurs around 15 kHz. In this coincidence frequency region both the
analytical and the numerical results from the elemental approach are in good agreement,
which validates the numerical results. Excitation and acoustic radiation coincidence effects
are further discussed in Chapter 3.
It is interesting to note that, at the fundamental natural frequency of the panel, the elemental
approach predicts transmission coefﬁcients higher than zero. This effect is investigated in
Reference [52]. In effect the resonant panel is excited by an sound ﬁeld that is large than
its own surface. Due to the existence of a panel resonance with low impedance, energy is
attracted by diffraction from the incident sound ﬁeld well beyond the immediate surface of
the panel. Further discussion on the modelling of the structural response and the radiated
and transmitted sound power through ﬂuid loaded panel with ﬂexible boundaries is provided
in Reference [46].
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Figure 2.7: Transmission coefﬁcient for an acoustic plane wave excitation incident at an angle θ=0◦ and
ϕ=45◦ for the panel with pinned boundary conditions speciﬁed in Table 2.1. Elemental approach (solid),
approximate analytical result τ(θ = 0◦) (dotted) and τ0 (dashed).
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Figure 2.8: Transmission coefﬁcient for an acoustic plane wave excitation incident at an angle θ=45◦ and
ϕ=45◦ for the panel with pinned boundary conditions speciﬁed in Table 2.1. Elemental approach (solid),
approximate analytical result τ(θ = 45◦) (dotted) and τ0 (dashed).
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Figure 2.9: Schematic of panel model. (a) Panel with 16 discrete decentralised velocity feedback loops and
(b) “two port” block diagram of the panel model with decentralised MIMO feedback control.
As shown in Figure 2.9(a), the decentralised feedback control system is formed by a 4×4
grid of velocity feedback loops using collocated point velocity sensors and point force ac-
tuators. The closed loop response of the panel can be modelled with the two ports block
diagram in Figure 2.9 (b). Assuming the system is linear this indicates that the response at
both the element centres and the control positions result from the linear superposition of the
vibration induced by the primary excitation, produced by the pressure ﬁeld over the surface
on the source side of the panel, and the secondary excitation produced by the control point
forces, which depend on the control velocities via the feedback control gains. Thus the
velocity response at the centres of the panel elements is given by
˜ ˙ we = ˜ Yee˜ Fe + ˜ Yec˜ Fc, (2.35)
where ˜ Fc is the [Nc × 1] vector of feedback control forces
˜ Fc(ω) =

      
      
˜ Fc1(ω)
˜ Fc2(ω)
. . .
˜ FcNc(ω)

      
      
. (2.36)
and ˜ Yec is the [Ne × Nc] matrix of transfer mobilities between the control locations an the
centres of the panel elements. As for the ˜ Yee matrix, the mobility functions in the ˜ Yec
matrix are derived using the ﬁnite modal summation formula given in Appendix A. As
shown in the block diagram in Figure 2.9(b), for direct velocity feedback control, the vector
36of control forces is given by
˜ Fc = −˜ Hc˜ ˙ wc, (2.37)
where ˜ Hc is the [Nc ×Nc] diagonal matrix of control gains and ˜ ˙ wc is the [Nc ×1] vector of
velocity sensor outputs at the control locations
˜ ˙ wc(ω) =

      
      
˜ ˙ wc1(ω)
˜ ˙ wc2(ω)
. . .
˜ ˙ wcNc(ω)

      
      
. (2.38)
According to the “two port” block diagram in Figure 2.9(b), the vector of control point
velocities is given by
˜ ˙ wc = ˜ Yce˜ Fe + ˜ Ycc˜ Fc, (2.39)
where ˜ Ycc is the [Nc × Nc] matrix of point and transfer mobilities between the control
locations and ˜ Yce is the [Nc × Ne] matrix of transfer mobilities between the centres of the
panel elements and the control locations. Substituting Equation (2.37) into Equation (2.39)
gives
˜ ˙ wc = ˜ Yce˜ Fe − ˜ Ycc ˜ Hc˜ ˙ wc (2.40)
An explicit formulation for ˙ ˜ wc can hence be derived as
˜ ˙ wc =
 
Ic + ˜ Ycc ˜ Hc
 −1
˜ Yce˜ Fe, (2.41)
where Ic is a [Nc×Nc] unit matrix. The control force ˜ Fc in Equation (2.37) can subsequently
be found as
˜ Fc = −˜ Hc
 
Ic + ˜ Ycc ˜ Hc
 −1
˜ Yce˜ Fe. (2.42)
Substituting Equation (2.42) into Equation (2.35) and rearranging for ˜ ˙ we ﬁnally gives the
37panel with equal static stiffness but a four times lower mass per unit area than that of the
homogeneous 1.6 mm thick aluminium panel speciﬁed in Table 2.1. Equation (3.3) has one
real and two imaginary pairs of axi-symmetric solutions. For simplicity the sandwich panel
is assumed to have the same mode shapes as a corresponding thin simply supported panel
given in Equation (3.1) and that (a) the equivalent ﬂexural rigidity D, (b) wavenumber at
resonance kr and (c) natural frequencies ωr are given by
(a) D =
ω2 m′′
k4 , (b) kr =
  
mrπ
lx
 
+
 
nr π
ly
 
, (c) ωr =
 
k4
r
D1
m′′ + k6
r
2D2D1
Gdm′′
1 + k2
r
D1
Gd
, (3.6)
where the wavenumber k in Equation (3.6)(a) corresponds to the real wavenumber solu-
tion of Equation (3.3), which corresponds to travelling waves. The imaginary wavenumber
solutions to Equation (3.3) correspond to decaying near ﬁeld waves, which are neglected.
The highest mode order of interest is calculated using the equivalent ﬂexural rigidity at the
highest frequency of interest. The acoustic coincidence frequency is found by reformulating
Equation (3.3) as an implicit function in ωc. Setting ω = ωc and k = kc = ωc/c0 Equation
(3.3) results in the following relationship
ω
4
c
 
2D2D1
Gdm′′c6
0
 
+
 
D1
m′′c4
0
−
D1
Gdc2
0
 
− 1 = 0. (3.7)
This basic model captures the principal characteristics of a sandwich panel and is thought
to be suitable for an initial comparison between the structural response and radiated sound
power of thin homogeneous and sandwich active panels. A more complex model, consid-
ering near ﬁeld waves and the cross-section dynamics of the sandwich structure, may be
needed for more detailed investigations. In particular, the near ﬁeld wave effect could play
an important role in the stability of the feedback control loops when realistic sensor and
actuator transducers are considered.
42a) If the shear wavenumber ks = ω
 
m′′/(Gd) is higher than acoustic wavenumber k0 =
ω/c0 then acoustic coincidence does not occur until very high frequencies where even-
tually kbf = k0.
b) Iftheshearwavenumberks issimilarorintheextremecaseequalstheacousticwavenum-
ber k0 then acoustic coincidence occurs over a wide frequency band so that, potentially,
a large number of modes are efﬁciently excited at resonance and also efﬁciently radiate
sound.
c) If the shear wavenumber ks is much lower then the acoustic wavenumber then acoustic
coincidence occurs at relatively low frequencies where kb = k0. In this case too sound
radiation from the sandwich panel will be higher than that from a corresponding homo-
geneous panel since the wavenumber curves intersect at a small angle so that the panel
transverse and acoustic wavenumber remain in close proximity over a wider range of
frequencies.
log(W
avenumber)
Log(Frequency)
(a) (b) (c)
Acoustic wave number
Figure 3.2: Schematic graph of sandwich panel transverse wavenumbers for three different cases of core shear
stiffness, (a) ks > k0, (b) ks ≈ k0 and (c) ks < k0.
Additionally to acoustic coincidence effects convective coincidence occurs for TBL excita-
tion when the transverse wavenumber in the direction of the air ﬂow on the panel equals the
convective wavenumber of the turbulent boundary layer.
45potentially occurs in the mid audio frequency range where the response of the panel is still
controlled by discrete clusters of modes. This might cause an undesired increase in sound
radiation, since at low and mid audio frequencies the response of the panel has not rolled
off due to the mass effect and passive control measures may not work so effectively.
Assuming the TBL excitation with the parameters deﬁned in Table 2.3, the convective co-
incidence frequency for the aluminium and composite sandwich panels occurs at 1169 Hz
and 609 Hz respectively. This is representative for a fully developed TBL on the outside
of an aircraft fuselage at a cruising speed of about 810 km/h. Due to the low coincidence
frequency and the directionality of the disturbance ﬁeld, only a few structural modes of the
composite sandwich panel resonate in the vicinity of the convective coincidence frequency.
This indicates a potential for active structural control which tends to be particularly effec-
tive at controlling low frequency resonances. The effect of the convective coincidence is
discussed in more detail in Section 3.3. The acoustic critical and coincidence frequencies
and the convective coincidence frequency for the two panels are summarised in Table 3.3.
It should be noted that the convective coincidence directly depends on the free ﬂow velocity.
The convective coincidence therefore shifts towards higher frequencies for increasing ﬂow
speeds and towards lower frequencies for decreasing ﬂow speeds. Hence the convective
coincidence effects may occur over a relatively wide low to mid audio frequency range
during a typical operation cycle of an aircraft.
1
2
3
[1,1]
[3,1]
[2,1]
[1,2]
[2,2]
Figure 3.3: Propagating transverse wavenumber (solid) of the (a) aluminium and (b) composite sand-
wich panel; acoustic wavenumber (dashed) and convective wavenumber (dash − dotted). Wavenumber
components of structural modes in span-wise x-direction (blackcircles) and in stream-wise y-direction
(whitecircles).
47n(f) =
πm′′Apf
gD1

1 +
m′′ω2 + 2g2D1  
(m′′ω2)
2 + 4m′′ (gω)
2 D1

, (3.10)
where the parameter g is given as
g =
2Gc
dE hf
. (3.11)
It should be noted that Equation (3.10) neglects the limiting case of pure faceplate bending
which would result in a constant modal density asymptote at high frequencies. As shown
in Figure 3.4 this is not an issue for the sandwich panel considered in this simulation study
since even at the upper end of the observed frequency range the structural response and
hence the modal density is clearly shear-controlled. The modal density curves shown in
Figure 3.4 are derived from Equations (3.8) to (3.11) while the and lines and circles repre-
sents the speciﬁc density of the natural modes of the panels considered in this simulation
study, which for each natural frequency have been calculated from
n(f1) =
 
f1 +
f2 − f1
2
 −1
and n(fr) =
 
fr+1 − fr−1
2
 −1
(3.12)
where fr is the r-th natural frequency of the panels. The modal density of the aluminium
panel, shown in Figure 3.4(a), is constant with frequency and has a value of 0.0137 [per Hz].
For low frequencies the modal density of the composite sandwich panel shown in Figure
3.4(b) has a lower modal density than the aluminium panel. With increasing frequency the
modal density rises and reaches the same value as for the aluminium panel at about 6150 Hz.
In this frequency range the structural response of the sandwich panel is shear controlled and
the modal density increases linearly with frequency. Both the asymptotic limit in Equation
(3.9) and the results from Equation (3.10) are in generally good agreement with the speciﬁc
density of modes for the panels estimated from Equation (3.12). The high variation between
the modal density and the speciﬁc frequency spacing between natural modes of the panels
illustrates that the modal density is a statistical parameter which is only valid for the average
over either an assemble of similar panels or the average over an assemble of neighbouring
modes in a wider frequency band.
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Figure 3.4: Statistical and numerical modal density for (a) the homogeneous aluminium panel and (b) the
composite sandwich panel. Numerical results (circles − dotted), statistical results (solid) and asymptotic
limits for the sandwich panel (faint − dashed).
The modal overlap factor gives the ratio of the half-power bandwidth to the local average
interval between natural frequencies [19] and is given by
M(f) = fηn(f) (3.13)
where f is the frequency in Hz, η is the material loss factor and n(f) is the modal density.
For modal overlap factors below unity the response of a structure is characterised by well-
separatedresonant modes with narrow peaks at theirnatural frequencies which are separated
by broad troughs. As M approaches unity, the individual modal responses begin to overlap
and, as it increases beyond unity, neighbouring modes combine to form broad overlapping
clusters of modes separated by narrow dips. The modal overlap factor therefore plays a
major role in the analysis of high frequency response based on probabilistic models such as
Statistical Energy Analysis (SEA) [19, 59].
Velocity feedback control systems introduce active damping effects on a panel, which are
particularly effective at resonance frequencies. Thus the modal overlap factor is of great
importance in this study since it provides an indication of the frequency band where the
response of a structure is controlled by individual resonant modes and thus active damping
could be efﬁciently employed to reduce the response and sound radiation of the structure.
The modal overlap factor for the aluminium panel in Figure 3.5 is increasing linearly with
frequency and exceeds unity for frequencies above 3623 Hz. At low frequencies the modal
overlap factor for the composite sandwich panel in Figure 3.5 is lower than that of the
50aluminium panel and exceeds unity at a higher frequency of about 4500 Hz. For frequencies
above1000Hztheresponseofthesandwichpanelisincreasinglyinﬂuencedbysheareffects
which results in a more rapidly rising modal overlap. In the shear controlled frequency
region the modal overlap increases proportional to ω2.
0.2 0.4 0.6 0.8 1 1.2 1.4 1.6 1.8 2
x 10
4
10
−3
10
−2
10
−1
10
0
10
1
10
2
Frequency [Hz]
M
o
d
a
l
 
o
v
e
r
l
a
p
Figure 3.5: Modal overlap factor for the homogeneous aluminium panel (solid) and the composite sandwich
panel (dashed).
The results for the modal density and modal overlap indicate that the response of the sand-
wich panel is controlled by individual resonant modes over a wider range of low and mid
audio frequencies than the aluminium panel. This implies that the response of the composite
sandwich panel can be efﬁciently controlled by means of active velocity feedback control
over a wider range of audio frequencies.
With control systems comprising evenly spaced discrete velocity feedback loops not all
modes can be efﬁciently controlled and the frequency range over which control effects are
guaranteed is a function of the total number of discrete feedback loops and the frequency de-
pendent total mode count. The statistical mode count is given by integral of the modal den-
sity in the interval between 0 Hz and the observation frequency, while for speciﬁc systems
the mode count is simply given by the number of natural modes with resonance frequencies
below the observation frequency. Due to the lower modal density and hence lower mode
count of the sandwich panel, control effects due to a ﬁnite number of velocity feedback
loops are expected to extend to higher frequencies than for the aluminium panel.
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(b) APW θ = 0° (normal incidence)
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(d) APW θ = 45°
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(e) APW θ = 90° (grazing incidence)
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(f) APW θ = 90° (grazing incidence)
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Figure 3.6: Panel kinetic energy and radiated sound power of the 1.6 mm aluminium panel (solid) and the
composite sandwich panel with equivalent static bending stiffness (faint) for a acoustic plane wave incident
at θ = 0◦, 45◦ and 90◦. Vertical lines mark the acoustical critical frequency of the aluminium panel (solid),
composite sandwich panel (dashed) and the θ = 45◦ excitation coincidence frequency for the aluminium panel
(dash − dotted).
The radiated sound power for the two panels is the same at frequencies well below the
ﬁrst panel resonance. This is because the radiated sound power in this frequency band is
determined by the static bending stiffness which is equal for both panels. Above the ﬁrst
panel resonance, the radiated sound powers are mass-controlled up to frequencies close to
the acoustic critical frequencies [19] of the two panels. In the mass-controlled region, the
radiated sound power of the composite sandwich panel is 12 dB higher than that of the
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Figure 3.7: Panel kinetic energy and radiated sound power for the 1.6 mm aluminium panel (solid) and
the composite sandwich panel with equivalent static bending stiffness (faint) for ADF and TBL stochastic
disturbances. Vertical lines mark the acoustical critical frequencies and aerodynamic coincidence frequencies
of the aluminium panel (solid) and the composite sandwich panel (dashed).
Figure 3.7(a) shows that, at higher frequencies the structural response of the aluminium and
composite sandwich panel are characterised by the excitation acoustic coincidence effect,
which, for diffuse acoustic excitation, occurs around the acoustic critical frequencies at 7.5
kHz for the aluminium panel and 5.5 kHz for the composite sandwich panel. The panel
response in the coincidence region is characterised by resonating modes, but the response
of individual modes is less pronounced than for the cases of APW excitation shown in
Figure 3.6. Above the coincidence region the kinetic energy spectrum of both panels rolls
off at a lower rate than for the cases of APW excitation. These differences in the response
spectra can also be explained by the fact that the ADF excitation is formed by acoustic
waves at arbitrary random angles of incidence. Figure 3.7(b) shows the spectrum of the
radiated sound power of the panels for an acoustic diffuse ﬁeld disturbance. As for the
acoustic plane wave excitation at grazing angle in Figure 3.6(e), the spectrum of radiated
sound power in Figure 3.7(b) shows the combined effect of acoustic excitation coincidence
and radiation coincidence, which cause a considerable increase of radiated sound power
around the acoustic critical frequency.
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Figure 3.8: Spatial distribution of control loops across the panel.
For all disturbances, the controllable frequency range for the composite sandwich panel ex-
tends to higher frequencies than for the aluminium panel. This is predominantly due to the
lower modal density [19] on the composite sandwich panel but also due to the lower con-
vective and acoustic coincidence frequencies. At coincidence, the response of the panels
is dominated by the response of discrete resonant modes. These resonances can be effec-
tively reduced by means of active velocity feedback. As shown in Figure 3.9 considerable
reductions in the structural response of the aluminium panel can be achieved up to about 1.5
kHz for the APW (θ=45◦), up to 2 kHz for the ADF and up to 3 kHz for TBL disturbance.
For the composite sandwich panel, considerable reductions of the response can be achieved
for frequencies up to twice as high. As shown in Figure 3.10 considerable reductions in
radiated sound power of the aluminium panel can be achieved up to 1 kHz for the APW
(θ=45◦) and ADF disturbances, while for the TBL disturbance considerable reductions are
achieved up to 3 kHz. As found for the kinetic energy, for the composite sandwich panel
considerable reductions of the radiated sound power can be obtained for frequencies up to
twice as high as for the aluminium panel.
The predicted control performance for the structural response and radiated sound power for
the TBL disturbance is much higher than those for acoustic excitations. This is because
the kinetic energy and radiated sound power spectra are dominated by a smaller number
of resonant modes for which the ky structural wavenumber coincides with the convective
wavenumber of the TBL disturbance. The response and sound power radiation for APW
and ADF disturbances are instead characterized by a large number of resonant modes, for
60which either the kx or ky structural wavenumbers components coincide with the acoustic
wavenumber. Thus a large number of feedback control units would be required to obtain
the same bandwidth as for the TBL excitation.
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(b) APW θ = 45° Composite sandwich panel
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(c) ADF Aluminum panel
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(d) ADF Composite sandwich panel
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(e) TBL Aluminum panel
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(f) TBL Composite sandwich panel
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Figure 3.9: Kinetic energy of a 1.6 mm aluminium panel (left column) and a composite sandwich panel
with equivalent static bending stiffness (right column) with 16 discrete idealized velocity feedback loops for
APW (θ=45◦) excitation and ADF and TBL stochastic disturbances. Passive panel (solid), feedback gain of
5 (dashed), 10 (dash − dotted), 20 (dotted), 40 (faint) and 80 (faint − dashed). Vertical lines mark the
acoustical critical frequency (dashed) and convective coincidence frequency (solid).
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(b) APW θ = 45° Composite sandwich panel
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(c) ADF Aluminum panel
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(d) ADF Composite sandwich panel
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(e) TBL Aluminum panel
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(f) TBL Composite sandwich panel
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Figure 3.10: Radiated sound power from a 1.6 mm Aluminium panel (left column) and the composite sand-
wich panel with equivalent static bending stiffness (right column) with 16 discrete idealized velocity feedback
loops for APW (θ=45◦) excitation and ADF and TBL stochastic disturbances. Passive panel (solid), feedback
gain of 5 (dashed), 10 (dash−dotted), 20 (dotted), 40 (faint) and 80 (faint−dashed). Vertical lines mark
the acoustical critical frequency (dashed) and convective coincidence frequency (solid).
Figure 3.11 shows the spectrum of the radiated sound power of the aluminium panel excited
by an ADF disturbance from Figure 3.10(c) on a linear frequency scale. The vertical line
marks the acoustical critical frequency at 7.5 kHz. It is shown that, in the coincidence
region around 7.5 kHz, with a feedback gain of 80 signiﬁcant reductions of up to 7 dB can
be achieved. This is because the panel response and radiated sound power around acoustic
coincidence is dominated by the damping-controlled response of those resonant modes that
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Figure 3.11: Radiated sound power from the 1.6 mm aluminium panel with 16 discrete idealized velocity
feedback loops for a ADF disturbance and with a feedback gain of 5 (dashed), 10 (dash − dotted), 20
(dotted), 40 (faint) and 80 (faint − dashed). The vertical line marks the acoustical critical frequency
(dashed).
are efﬁciently excited by the coincident acoustic ﬁeld.
At these high frequencies, the bending wavelength on the panel is shorter than the distances
between the control loops. One may therefore expect that the control performance for single
modes will depend on the spatial distribution of the control units with respect to the shape of
the modes. However, for stochastic disturbances a wide range of structural modes is excited
at coincidence so that some reductions may still be expected for even distributions of the
control loops. Reductions of the response and radiated sound power in the coincidence
region of thin aluminium panels may not be of practical interest because this effect occurs
at the upper end of the audio frequency range and can be efﬁciently controlled by means
of passive damping treatments. For composite sandwich panels the coincidence occurs at
much lower frequencies and affects low order modes. In this case decentralised velocity
feedback control is thought to be a promising control approach.
Figure 3.12 shows the reductions of both panels kinetic energy (left hand side) and radiated
sound power (right hand side) for a feedback gain of 20. The graphs are plotted against
wavenumber. Setting the spectra scale to the wavenumber corresponds to a normalisation
of the stiffness to mass ratio of the two panels. The difference in the response is then
given by the square root of the mass ratio. Since the aluminium panel is four times heavier
than the composite panel, the control effort for similar reductions of the response of equal
order modes is twice as high. For all disturbance cases the control reductions obtained for
low order modes of the composite sandwich panel are signiﬁcantly higher than those for
corresponding modes of the aluminium panel. As shown in Figures 3.12(b) and (d), for the
63acoustic disturbances, considerably higher reductions in the radiated sound power of the
composite sandwich panel are achieved for modes resonating around the acoustic critical
wavenumber of the composite sandwich panel at 100 rad/m.
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(a) APW 45° ; Aluminium H=20 ; Composite H=20
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(b) APW 45° ; Aluminium H=20 ; Composite H=20
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(c) ADF ; Aluminium H=20 ; Composite H=20
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(d) ADF ; Aluminium H=20 ; Composite H=20
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(e) TBL ; Aluminium H=20 ; Composite H=20
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(f) TBL ; Aluminium H=20 ; Composite H=20
Figure 3.12: Changes in panel kinetic energy and radiated sound power plotted over the structural wavenum-
ber, for a 1.6 mm aluminium panel with feedback gain of 20 (solid) and the composite sandwich panel with
feedback gain of 20 (faint) with 16 discrete idealized velocity feedback loops for APW (θ = 45◦) ADF and
TBL disturbance. Vertical lines mark the acoustical critical (dashed) and convective coincidence frequency
(solid).
64Figure 3.13 shows the reduction of the the A-weighted panel kinetic energy (left hand side)
and total sound power radiated (right hand side) averaged in the frequency band between
20 Hz and 12 kHz. This is thought to be a fair approach to assess the overall control perfor-
mance of the two panels over this wide range of audio frequencies, although the considered
forcing spectra are ﬂat. The achieved reductions in the panel kinetic energy are generally
higher than those for the radiated sound power. This is because the reductions in all res-
onant structural modes are reﬂected in the overall reductions in panel kinetic energy but
only reductions in efﬁciently radiating modes affect the overall reduction in radiated sound
power.
Considering the acoustic (APW and ADF) disturbance cases, for low feedback gains higher
reductions are achieved for the smart composite sandwich panel than for the smart homo-
geneous aluminium panel. Optimal control performance for the composite sandwich panel
is achieved for a feedback gain of 20. As shown in Figures 3.9 and 3.10, for higher feed-
back gains new resonance behaviour starts to develop which diminishes the overall control
performance. For higher feedback gains the predicted reductions for the aluminium panel
are higher than those for the composite sandwich panel; for the kinetic energy this is for
gains above 40 and for the radiated sound power this is for gains above 80. The greatest
reductions for the aluminium panel are achieved for a feedback gain of 80. The better con-
trol performance for the composite sandwich panel is due to the control of the efﬁciently
radiating modes in the mid audio frequency range.
In the case of the TBL excitation signiﬁcant reductions in the structural response and radi-
ated sound power are predicted for both panels. This is because the TBL excitation excites
predominantly low order structural modes whose wavenumber in the y-direction coincides
with that of the stream-wise convective ﬁeld. These modes can be efﬁciently controlled
with decentralised velocity feedback loops. The high response of low order modes shifts
the optimal control gain for both panels towards higher values.
The predicted reductions for the composite sandwich panel are up to 10 dB higher than
those of the aluminium panel. This is partly because only a small number of low order
structural modes of the composite sandwich panel are efﬁciently excited by the TBL (see
Table 3.4), and because for equal feedback gains the response of low order structural modes
ofthecompositesandwichpanelarecontrolledmoreeffectivelythanthoseofthealuminium
panel (see Figure 3.12).
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(c) ADF
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(d) ADF
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(e) TBL
5 10 20 40 80 160
−25
−20
−15
−10
−5
0
Feedback gain
C
h
a
n
g
e
s
 
i
n
 
r
a
d
i
a
t
e
d
 
s
o
u
n
d
 
p
o
w
e
r
 
[
d
B
]
(f) TBL
Figure 3.13: Overall reductions in A-weighted panel kinetic energy and radiated sound power for the panels
with 16 discrete idealized velocity feedback loops. Aluminium panel (solidline/blancsqares), composite
sandwich panel (faintline/black circles) for a APW ( θ = 45◦), ADF and TBL disturbance.
In practice it is difﬁcult realise high feedback gains because control systems are often only
conditionally stable and can also cause control spill-over effects at low or high frequencies,
depending on the type of actuator. The lower optimal feedback gain for the composite sand-
wich panel may therefore be beneﬁcial for practical applications. Currently active control
systems are mainly considered for low frequency noise applications up to 1 kHz. The re-
sults of this study indicate that for stiff lightweight sandwich panels it might be possible to
extend the operative frequency range of active control systems up to mid audio frequencies.
66justify the additional expense and additional installed mass of an active control system.
In this simulation study basic structural models and ideal velocity sensor actuator pairs have
been considered. The following chapters present the results from theoretical and experi-
mental studies considering an active vibration control system with practical actuator-sensor
pairs on aluminium and honeycomb sandwich test panels.
68mounted via three soft circular springs and acts as a proof-mass. For frequencies above
the fundamental resonance frequency of the actuator (fres ≈ 1/2π
 
ks/m2 = 23.2 Hz for
the actuator used in this study) the magnitude of the generated blocked force per unit input
current is frequency independent. Therefore this type of actuator can be used as a ‘sky-
hook’ force actuator provided its fundamental resonance frequency is well below that of
the structure under control [19]. As shown in Figure 4.1(b) the input signal to the control
actuator is generated by measuring the acceleration at the footprint of the control actuator
base on the opposite side of the panel using an piezoelectric inertial accelerometer. An
analogue controller is then used to integrate and amplify the acceleration signal to generate a
velocity proportional input signal to the control actuator. Although the controller is assumed
to produce an ideal output current, the response of the control unit for both current- and
voltage-driven actuators are investigated in this study.
In contrast to previous work [33, 34], the experimental and simulation studies presented
in this chapter aim to describe the control units in terms of their open and closed-loop
base impedances that are exerted to the structure where they are mounted. In this way it
is possible to provide a straight-forward physical interpretation for both the stability and
control effect produced by the control units.
For this study the ﬁve actuators have been fully refurbished. Particular attention has been
given to the fabrication of new circular springs and the mounting of the suspension magnet
on the guiding stinger so that elastic and damping non-linear effects are minimised.
This chapter is organised in three main sections.
• Section 4.1 presents results from experimental and simulation studies on the actuator
blocked force response. A Monte Carlo simulation is used to ﬁt the parameters of a
lumped parameter electromechanical model of the actuators to experimental results.
• Section 4.2 presents experimental results on the open and closed loop response of a
representative control unit.
• Section 4.3 presents simulation results that provide physical interpretation of the con-
trol unit closed loop response considering both ideal and practical frequency response
functions of the controller.
In addition, Appendix C provides the derivation of the formulations for the open and closed
loop base impedance of control units with current and voltage driven proof-mass electrody-
namic actuators.
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Figure 4.3: Measured blocked force per unit input voltage for all ﬁve actuators (faint − black), average
blocked force for per input voltage (solid − red).
At low frequencies the phase is about 180◦, which indicates that the blocked force at the
base of the actuator is out of phase with the driving electric signal. However around the
actuator fundamental resonance there is a 180◦ phase shift such that above this resonance
frequency the blocked force is in phase with the driving signal. However, above 250 Hz
there is a gradually increasing phase lag due to the electrical inductance of the coil.
The comparison between the blocked force response function of the different actuators
shows a good overall agreement. Around the actuator resonance frequency, the blocked
force response functions are dominated by internal damping of the actuators which appears
to rather different for each unit.
For frequencies above 5000 Hz the response functions of all actuators show a series of three
resonance peaks and anti-resonance troughs, which are due to the mounting resonances of
the measurement set-up that can be described as a series of three mass spring systems (i.e.
the impedance head mass on wax layer, actuator bases mass on wax layer and actuator
proof-mass suspended on the circular springs).
72actuator assumes a rigid connection between the blocking mass and the base of the actuator.
Hence the effects of mounting resonances due to the spring-damper-mass effects of the thin
bonding layer of adhesive wax and the actuator resonant mass-spring-damper-mass system
are not captured in this model, but the agreement up to 2 kHz is good.
A comparison between the predicted blocked force response function for the voltage-driven
actuator from Equation (4.1) and that for the current-driven actuator from Equation (4.2)
show that the blocked force for 1 A current is greater than the blocked force for 1 V voltage.
Also above the actuator fundamental resonance, the magnitude and phase of the blocked
force per unit current is constant with frequency while the magnitude and phase of the
control force per unit voltage drops for increasing frequency because of the frequency-
dependent electrical impedance of the voice coil.
The estimated parameters used to model the actuators are summarised in Table 4.1, where
the values in italic font are estimated using the Monte Carlo simulation and the values in
bold font are measured average masses of the control unit components which are assumed to
be known with high accuracy. The estimated actuator parameters and the model parameters
previously considered by Paulitsch [42] and Gonz´ alez D´ ıaz [45], which are also given in
Table 4.1 are in good agreement for the assumed actuator base and proof masses. However,
the estimated spring stiffness is a factor of 3.8 to 5.9 times higher than the ones previously
considered. Also the estimated coil electrical conductance is a factor of 2 smaller. The
coil resistance used in Reference [45] is an order of magnitude higher than that considered
in Reference [42] and that estimated as in this study. These discrepancies are due to two
principal factors: ﬁrst the actuators used in this study have been fully refurbished and the
suspension spring and coil windings replaced; second the parameters used in References
[42] and [45] have been derived from static and simple dynamic analysis (i.e. static deﬂec-
tion and natural frequency) rather than the Monte Carlo best ﬁt procedure used here.
74below the actuator resonance the base and proof masses of the actuator move in phase.
For high frequencies the actuator base impedance converges to that of the equivalent base
mass because the base and proof masses are effectively decoupled well above the actuator
fundamental resonance.
In the transition region around and above the actuator fundamental resonance the open loop
actuator base impedance is controlled by internal damping and has a considerable positive
real part. This indicates that in this frequency band the actuator dissipates power from
the structure were it is mounted. The measured open loop base impedance of the actuator
indicate that in this transition region the response is non-linear and depends on the excitation
level. For low excitation levels the actuator base impedance produces damping effects over
a wide frequency range up to 3000 Hz. As the excitation level increases the transition
region between total mass and base mass behaviour shifts towards lower frequencies, and
the transition occurs over a narrower frequency band.
As discussed in Section 4.1, each actuator has a different amount of internal damping, which
results in a high variance in the actuator responses in this transition region. During the
experiments it was also found that the dynamic response of the actuators in the damping-
controlled frequency region had a low reproducibility and varied considerably when units
were tested again after remounting on the impedance head or after making minor adjust-
ments of the springs.
For frequencies above 5000 Hz the actuator base impedance exhibits a series of two reso-
nance peaks and an anti-resonance dip. In this frequency range, the reference impedances
of two lumped masses both exhibit a distinct resonance which is due to the mass-spring-
damper system induced by the wax mounting and the corresponding mass. A comparison
between the frequency response functions of these two lumped masses and the actuator sug-
gests that the higher frequency resonance and anti-resonance behaviour of the actuator base
impedance is due to the wax mounting conditions which results in a two degree-of-freedom
resonant system.
Figure 4.8 shows the Nyquist plot of the open loop base impedances, where Figure 4.8(a)
shows locus of the base impedance over the entire observed frequency range while Figure
4.8(b) magniﬁes the region around the origin. Over almost the entire observed frequency
range the locus of the actuator base impedance is real positive. This is also seen from the
phase in Figure 4.7, which lies between ±90◦. Thus the open loop actuator resonant system
is unconditionally stable, as one would expected for a passive system.
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Figure 4.7: Bode diagram of the measured open loop base impedances of a representative actuator for different
levels of base excitation: minimal level (dashed − red), intermediate levels (faint − black − lines)and
maximal level (solid−blue); for reference: impedance of 35 gram lumped mass (solid−black) and 11 gram
lumped mass (dashed − black).
a) b)
Figure 4.8: Nyquist diagram of the measured open loop base impedances of a representative actuator for
different levels of base excitation; (a) for the entire frequency range investigated and (b) magnifying the region
around the origin. Minimal level (dashed−red), intermediate levels (faint−black−lines), maximal level
(solid − blue); 35 gram lumped mass (solid − black)and 11 gram lumped mass (dashed − black).
78frequencies below 10 Hz the actuator base response corresponds to that of the lumped total
mass of the actuator as before. For increasing feedback gains the impedance shows a dip
just below 20 Hz followed by a sharp rise at the actuator resonance at about 25 Hz. Between
25 and 500 Hz the response for higher feedback gains is relatively ﬂat. Above 500 Hz the
magnitude of the base response for all feedback gains converges towards the impedance of
the actuator base mass as before.
At frequencies above 5000 Hz, as discussed with respect to the open loop base impedance
in Figure 4.7, the response of the control units is characterised by resonance peaks and anti-
resonances troughs due to the mounting conditions. Additional resonances for the closed
loop actuator set-up are introduced by rocking motions due to mass of the PCB control
accelerometer which is attached to the actuator asymmetrically.
Focusing now on the phase, it can be seen that for frequencies below 10 Hz the phase is 90◦
for all feedback gains, which corresponds to the impedance of a pure mass. At about 20 Hz
the phase of the active base impedance changes rapidly. For all feedback gains the phase
initially drops below 90◦. Around the actuator fundamental resonance, for low feedback
gains, the phase then increases rapidly and then falls below 90◦ for frequencies above 40
Hz. In contrast, for higher feedback gains the phase further drops rapidly by 360◦ and falls
below -270◦ for frequencies above 40 Hz. Above 40 Hz the closed loop response of the
control units has a phase between 90◦ and 0◦, i.e. -360◦ and -270◦, which indicates that the
control unit base impedance has a considerable positive real part and behaves like a damper.
With further increase in frequency the phase of the control unit response converges to 90◦
or -270◦, which indicates an increasingly mass-like behaviour. At higher frequencies phase
changes occur due to the mounting resonance and anti-resonance behaviour.
The locus of the closed loop control unit base impedance, shown in the Nyquist plots in
Figure 4.11 is positive real for all frequencies except those around the actuator fundamental
resonanceinthefrequencyrangebetweenabout20Hzand40Hz. Inthisfrequencybandthe
locus for the closed loop base impedances form a circle in the left half-plane of the Nyquist
plots. This indicates that the closed loop control unit injects power into the structure, it
is mounted to, rather than absorbing power from it. The behaviour around the actuator
fundamental resonance indicates that the feedback loops are only conditionally stable up
to a maximal feedback gain. The maximal feedback gain that guarantees stability for the
feedback loop also depends on the impedance of the structures that the control units are
mounted to.
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Figure 4.10: Bode diagram with the measured open and closed loop base impedance for a representative
actuator unit with attached accelerometer sensor for a range of feedback gains; open loop (dash − red),
intermediate gains (faint−black−lines), closed loop maximal gain (solid−blue); for reference: impedance
of 35 gram lumped mass (solid − black) and 11 gram lumped mass (dashed − black).
a) b)
Figure 4.11: Nyquist diagram with the measured open and closed loop base impedance for a representative
actuator unit with attached accelerometer sensor, (a) for the entire observed frequency range and (b) magnify-
ing the region around the origin; open loop (dash − red),intermediate gains (faint − black − lines), closed
loop maximal gain (solid − blue)
81a) b)
Figure 4.12: Bode (a) and Nyquist (b) plots of the OL-FRF for feedback control unit mounted on a shaker.
In this experimental set-up the control accelerometer is directly attached to the base of the
actuator. For the implementation on the panels, the actuators and control accelerometers
are separately mounted on the source and receiving sides of the panel. This may introduce
additional dynamic effects at higher frequencies, especially for a sandwich panel, which
are not considered in this experimental set-up. However, as discussed in Chapter 5, it is
found that similar mounting resonance effects arise which produce high frequency spill-over
effects and also impose high frequency stability limits for the control units when mounted
on two test panels.
AnuncertainfactorinthemeasuredOL-FRFisthedifferencebetweentheoutputimpedance
of the accelerometer signal conditioner and the output impedance of the analyser signal
generator. This may have an effect on the output current per input voltage of the controller
board. This has so far been assumed to be a minor issue but should be further investigated to
yield a better understanding of the dynamic interaction of all electric circuits in the control
loop.
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Figure 4.13: Predicted base impedance for closed loop, current controlled actuator for an ideal controller re-
sponse; 0 feedback gain (solid), feedback gains between 0.1 and 250 (faint), 35 gram lumped mass (dashed)
and 11 gram lumped mass (dash − dotted).
a) b)
Figure 4.14: Nyquist diagrams of the predicted base impedance for closed loop, current controlled actuator
for an ideal controller response; 0 feedback gain (solid), feedback gains between 0.1 and 250 (faint).
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Figure 4.15: Predicted base impedance for closed loop, voltage controlled actuator for an ideal controller re-
sponse; 0 feedback gain (solid), feedback gains between 0.1 and 250 (faint), 35 gram lumped mass (dashed)
and 11 gram lumped mass (dash − dotted).
a) b)
Figure 4.16: Nyquist diagrams of the predicted base impedance for closed loop, voltage controlled actuator
for an ideal controller response; 0 feedback gain (solid), feedback gains between 0.1 and 250 (faint).
87It should be noted that this model does not consider the response characteristics of the
accelerometer sensor, which at high frequencies is characterised by a sharp peak around the
accelerometer internal resonance. This resonance occurs at very high frequencies where
the closed loop base impedance of the actuator is dominated by the passive impedance of
the actuator base mass and mounting resonance effects. It is therefore assumed that the
accelerometer output signal is ideally ﬂat in the frequency range over which the response of
the control units could become unstable.
Figures 4.18 and 4.19 show the predicted closed loop base impedance for a current-driven
actuator with feedback gains between 0.1 and 250, considering the practical controller FRF
shown in Figure 4.17. Comparison with the measured closed loop base impedance in Fig-
ures 4.10 and 4.11 shows a very good general agreement between measured and predicted
results.
Around 20 Hz the predicted base impedance of the control unit with practical controller
FRF captures the 360◦ phase shift and the corresponding dip in magnitude of the impedance,
which is observed in the measured results in Figure 4.10. This phase shift is due to the rapid
change in phase of the controller FRF which results from the combined responses of the
integrator and ampliﬁer FRF functions. Well below the actuator fundamental resonance,
in contrast to the base impedance with the ﬂat controller FRF, no positive phase change is
predicted while the increase in magnitude is more gradual. This is due to the third order low
pass ﬁler characteristics of the controller FRF at very low frequencies. For high frequen-
cies, the closed loop base impedance tends to decrease slightly with increasing frequency
which is due to the low pass ﬁlter characteristics of the controller FRF which has a corner
frequency of 9000 Hz.
Figures 4.20 and 4.21 show the predicted closed loop base impedance for a voltage-driven
control unit with feedback gains between 0.1 and 250 considering the practical controller
FRF shown in Figure 4.17. As for the predicted impedances with ideal ﬂat controller re-
sponse, the base impedance for voltage and current control give similar results. However,
the results in the Nyquist diagram in Figure 4.21(a) indicate that for frequencies above 2000
Hz, for high feedback gains the locus of the base impedance migrates into the left half plane,
i.e. the phase of the base impedance for voltage-control rises slightly above -270◦. This re-
sults in a base impedance with a small negative real part which indicates the possibility of
control instability and control spillover problems at high frequencies.
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Figure 4.18: Predicted base impedance for closed loop, current controlled actuator for a practical controller re-
sponse; 0 feedback gain (solid), feedback gains between 0.1 and 250 (faint), 35 gram lumped mass (dashed)
and 11 gram lumped mass (dash − dotted).
a) b)
Figure 4.19: Nyquist diagrams of the predicted base impedance for closed loop, current controlled actuator
for feedback for a practical controller response; 0 feedback gain (solid), feedback gains between 0.1 and 250
(faint).
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Figure 4.20: Predicted base impedance for closed loop, voltage controlled actuator for a practical controller re-
sponse; 0 feedback gain (solid), feedback gains between 0.1 and 250 (faint), 35 gram lumped mass (dashed)
and 11 gram lumped mass (dash − dotted).
a) b)
Figure 4.21: Bode plot (a) and Nyquist diagram (b) of the predicted base impedance for closed loop, current
controlled actuator for a practical controller response; 0 feedback gain (solid), feedback gains between 0.1
and 250 (faint).
91high frequencies, for all feedback gains, the base impedance of the closed loop
control units converges to that of the actuator base mass.
ThebasicelectromechanicalmodelwithcontrollerFRFfunctionreadilydescribestheclosed
loop control unit base impedance in the frequency range of interest. It can therefore be used
to investigate new designs of both electro-mechanical actuator and electrical controller in
order to optimise the stability and control performance properties. For example future stud-
ies could investigate the implementation of an analogue phase compensator in the controller
FRF which would increase the stability of the control unit feedback loops when mounted
on ﬂexible panels.
Resonance effects due to the actuator and sensor mounting conditions are not captured by
the current model. An extended model should capture these multiple degree of freedom
resonance effects to characterise the control unit response at higher frequencies.
The open loop response of the actuators has been found to be non-linear. Further studies
could investigate the closed loop control unit response for low base excitation levels and
non-ﬂat excitation spectra. However, the effort to measure these responses and to implement
non-linearity in the electrodynamic response model may be disproportionate to the beneﬁts
since the non-linear characteristics of the response is only speciﬁc to the prototype actuator
design investigated in this study.
The following chapter presents the results from experimental studies on the control stability
and performance of the system with ﬁve decentralised control units mounted on a homo-
geneous aluminium panel and a lightweight honeycomb sandwich panel. Also the results
from simulation studies on the control stability and performance are presented where the
feedback control loops are modelled using the expressions for control units with current-
controlled actuators from Equation (4.3).
94lightweight sandwich panels that could be used in the construction of transportation vehi-
cles. Also the frequency range for the studies in this chapter has been restricted to 6400 Hz,
which represents the frequency range of interest for most interior noise control applications.
a) b)
Figure 5.1: Thin homogeneous aluminium test panel (a) and stiff lightweight honeycomb sandwich test panel
(b).
This chapter is organized in three main sections:
• Section 5.1 discusses the dynamic characteristics of the two panels. In particular the
implication of frequency dependent anisotropic behaviour on the response of the stiff
lightweight honeycomb panel is discussed with respect to (a) the wavenumbers of
propagating waves, (b) the modal density, (c) the modal overlap factor and (d) both
excitation and radiation coincidence effects.
• Section 5.2 presents simulation studies on the implementation of a practical control
system with decentralised feedback control units using electrodynamic proof-mass
actuators as described in Chapter 4. The model parameters are chosen to replicate
approximately the experimental set-ups with the aluminium and honeycomb panels.
The control performance and stability of the decentralised control system is assessed
for both panels. The control performance is analysed in terms of the time-averaged
total kinetic energy and total sound power radiated by the panel, for excitation by (a)
a point force, (b) an acoustic plane wave.
• Section 5.3 presents measurements on the two panels without control units and with
open and closed loop feedback control units. These are carried out in a sound trans-
mission suite facility. The control performance and stability properties of the decen-
tralised control system are assessed for both panels. Also in this case the control
performances are analysed in terms of the-time averaged total kinetic energy and total
sound power radiated by the panels when subjected to mechanical excitation via an
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The honeycomb sandwich panel considered in this study comprises two face plates which
are made from three plies of carbon reinforced resin. The faceplates are bound to the
core honeycomb structure, which is made from ﬁbreglass-reinforced Phenolic Honeycomb
(HRP) with a cell size of 3/8 inch.
The principal structural parameters of the panel where estimated in an experimental study
when the panel was freely suspended in a test frame. A shaker with attached force gauge
was used to excite the panel at a corner location. A laser vibrometer was used to mea-
sure the panel point mobility and a 24x18 uniform grid of panel transfer mobilities. The
test panel response along the x- and y-axis was analysed by identifying isolated beam-like
modes from the grid of measured transfer mobilities. This also gave the speciﬁc sequence
of panel modes. Knowledge of the panel geometry, manufacturer material speciﬁcations,
experimental natural frequencies and modes allowed to the parameters to be determined
using the anisotropic sandwich panel model described above.
The simulated response for a panel with all sides free gave good agreement with the mea-
sured structural response of the honeycomb panel in the observed frequency range up to
5000 Hz. Further details on the panel model and the experimental studies on the freely sup-
ported honeycomb panel are provided in Appendix D. The cross-section geometry and the
material parameters used to model the honeycomb panel are summarised in Table 5.2. The
panel dimensions are the same as those of the aluminium panel speciﬁed in Table 5.1.
99The squares and circles mark the resonance frequencies of the panels, which are estimated
from the models described in Section 5.1.1. The fundamental resonance of the clamped
aluminium panel occurs at 82 Hz, thus below the acoustic coincidence. Therefore there are
many structural modes which do not radiate sound efﬁciently and which are also not efﬁ-
ciently excited by acoustic ﬁelds [19]. The predicted fundamental frequency of the honey-
comb panel is 579 Hz and hence above the acoustic coincidence. Thus all structural modes
of the honeycomb panel are efﬁcient radiators of sound and are also efﬁciently excited by
acoustic ﬁelds.
As discussed in Chapter 3, the response of a ﬁnite panel depends on the speciﬁc dimensions
and boundary conditions (i.e. the speciﬁc natural frequencies of resonant modes) in rela-
tion to the excitation and radiation coincidence wavenumbers. Therefore all dimensions and
boundary conditions are important for the prediction of the narrow band sound transmission
through a ﬁnite panel. For example, a honeycomb panel with larger dimensions than the
panel considered here, may have resonant modes at frequencies below the acoustic critical
frequency these would be characterised by lower excitation and radiation efﬁciencies. How-
ever such a panel would also have a higher number of structural modes per unit frequency
bandwidth. It is therefore possible that speciﬁc modes will resonate around coincidence,
which may result in high excitation sensitivity and radiation efﬁciency in that frequency
band, depending on where exactly these modes are.
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Figure 5.2: Predicted dispersion curves of the propagating transverse wavenumber and resonant frequencies of
the aluminium and honeycomb test panels (see legend in graph), acoustic wavenumber in air (faint−dashed)
and convective wavenumber (faint − dash − dotted).
101AsshowninFigure5.6, oneoftheﬁvecontrolloopsisplacedinthecentreofthepanelwhile
the other four are arranged symmetrically on the panel diagonals. The exact locations of the
control loops and the position of the primary point force excitation are shown in Figure
5.6 and speciﬁed in Table 5.3. The control loops are implemented in terms of the open or
closed loop base impedances of the control units, which are applied to the structure where
the control units are mounted. As indicated in the block diagram in Figure 5.5, the diagonal
matrix of base impedances ˜ Za replaces the feedback gain matrix ˜ H in the formulations
given in Chapter 2. The impedance formulations that describe the response of the feedback
loops are those for voltage and current-driven control units with proof-mass electrodynamic
actuator and practical feedback controller FRF as speciﬁed in Section 4.3. In this study a
uniform feedback gain is considered, i.e. the same gain is applied to all ﬁve feedback loops.
Table 5.3: Control point (CP) coordinates and primary excitation (PE) location on the test panels.
PE CP1 CP2 CP3 CP4 CP5
x [mm] 101 347 347 130 130 238.5
y [mm] 240 277 104 104 277 190.5
x−axis
y
−
a
x
i
s
Figure 5.6: Sketch of panel with element grid, control points (circles) and primary excitation location
(diamond).
105half-plane. The gain margins for the control loops are limited by the 180◦ phase shift which
is due to the actuator fundamental resonance in combination with the FRF of the feedback
controller. At low frequencies this produces a circle on the left half-plane of the Nyquist plot
so that the feedback loops would become unstable when the feedback gains are increased
beyond the stable gain margin.
Even if small control gains that guarantee stability are implemented, the part of the OL-
FRFs that falls within the unit circle around the Nyquist stability point at (-1,0j) results in
an enhancement of the structural response in that frequency band. This effect is known as
low frequency control spillover [13, 19].
For frequencies above the actuator resonance frequency, the circles of the OL-FRFs migrate
into the right half-plane quadrants of the Nyquist plot. This indicates that, for frequencies
well above the fundamental resonance frequency of the actuator, the velocity feedback loops
reduce the structural response of the panel by means of active damping. The magnitudes of
the circles indicate how efﬁciently the response of the structural modes is attenuated at the
corresponding resonance frequencies.
At very high frequencies the circles of the OL-FRFs migrate back into the left half-plane
of the Nyquist plot. In this frequency range the magnitudes of the OL-FRFs are very small
compared with that of the low frequency circle due to the actuator fundamental resonance;
hence these parts of the OL-FRFs do not pose stability limits. Control spillover effects in
this high frequency band occur, although they are of smaller amplitude than that around the
fundamental resonance of the actuator.
For the case of voltage-driven control actuators in Figure 5.8, the feedback loops are also
only conditionally stable. As discussed above, the gain margins for the control loops are
limited by the 180◦ phase shift around the actuator fundamental resonance. The Bode dia-
gram in Figure 5.8(a) shows that compared with the current-controlled feedback loops, the
resonant peak around the actuator fundamental resonance frequency is more highly damped
due to the back electromotive force (back emf) effect. At very high frequencies the phase
and magnitude of the OL-FRFs roll off at a higher rate than those of the current-controlled
feedback loops shown in Figure 5.7. Therefore the circles of the OL-FRFs migrate more
rapidly back into the left half-plane of the Nyquist plot and multiple loops of the OL-FRFs
cross the negative real axis in the frequency range between 3000 and 4000 Hz.
107For the case of voltage-driven control actuators in Figure 5.10, the resonant peak around
the actuator fundamental resonance frequency is more highly damped due to the back elec-
tromotive force (back emf) effect. At very high frequencies the Bode diagram in Figure
5.10(a) shows that the phase and magnitude of the OL-FRFs roll off at a more rapid rate
than that of the current-controlled feedback loops. Therefore the circles of the OL-FRFs
migrate more rapidly back into the left half-plane of the Nyquist plot and cross the negative
real axis in the frequency range between 3000 and 4000 Hz. In this frequency range the
magnitude of the OL-FRFs has not yet rolled off signiﬁcantly since it is controlled by the
low order resonant modes of the honeycomb panel. Therefore the maximal stable feedback
gain is given by these high frequency circles of the OL-FRFs in the left half-plane of the
Nyquist plot.
Table 5.4 summarises the stable gains for the two panels with voltage- and current-driven
feedback loops. In the cases where the feedback gain is limited by the actuator resonance,
and the resulting low frequency loops in the left half-plane of the Nyquist plots, it is the
OL-FRF ˜ H55 of the feedback loop located in the centre of the panel that limits the maximal
feedback gain. This is because the feedback loop of the control unit located in the centre of
the panels experiences the highest velocity response of the fundamental bending mode of
the panels. For the aluminium panel the maximal stable gain for current-controlled feedback
loops is 28 while that for voltage-driven feedback loops is 76. As discussed in Chapter 4,
this can be explained by the difference in the blocked force response of the actuator due
to input voltage and input current. For the honeycomb panel, the maximal feedback gains
are signiﬁcantly higher than for the aluminium panel. For the current-controlled feedback
loops, the maximal gain is 2134. For the voltage controlled feedback loops, the maximal
gain is 642, due to the high frequency circles of the OL-FRFs on the left hand side quadrants
of the Nyquist plot. The maximal stable feedback gain for the low frequency loop around
the actuator fundamental resonance in isolation is 6215 and would therefore be much higher.
Table 5.4: Maximal stable feedback gain of the feedback loop located in the centre of the panels.
Panel Maximal stable feedback gain
Current Voltage
Aluminium panel 28 ∗ 76 ∗
Honeycomb panel 2134 ∗ 642∗∗ 6215∗
∗ limit due to response around actuators fundamental resonance.
∗∗ limit due to high frequency spillover.
110are slightly higher than those for the aluminium panel. This is due to the fact that, as
discussed in Section 5.1, the two panels have signiﬁcantly different radiation efﬁciencies
for low and mid audio frequencies. The aluminium panel is characterised by many resonant
modes at low and mid audio frequencies (the fundamental resonance is at 82 Hz) which,
however, poorly radiate sound below the acoustic coincidence frequency at 7544 Hz. In
contrast the honeycomb panel is characterised by comparatively fewer modes at low and
mid audio frequencies (the fundamental resonance is at 579 Hz), which on the other hand
efﬁciently radiate sound since they all resonate above the acoustic coincidence frequency at
around 400 Hz.
Figure 5.15 also shows the predicted responses and sound radiation spectra of the two panels
with open and closed loop velocity feedback. The mass effect of the open loop control units
shifts down the resonance frequencies of the low order modes of the panels. Also, passive
damping effects of the open loop control units reduce the amplitude of the resonant peaks
over a wide frequency band. The amplitudes of low order resonances are reduced by up to
15 dB for the aluminium panel and up to 7 dB for the honeycomb panel.
For the aluminium panel, when the feedback loops are closed with progressively higher
control gains, 10 to 15 dB additional reductions of both kinetic energy and radiated sound
power are predicted in the frequency range from 50 Hz to 300 Hz. In the frequency region
between 30 and 50 Hz, as the feedback gains are increased the panel response and radiated
sound power are enhanced, since, as discussed in Chapter 4, the control units insert power
into the structure rather than absorbing it from the structure. This effect is normally reported
as low frequency control spillover. As discussed in Section 5.2.2, the response of the control
units around the actuator fundamental resonance frequency results in a conditionally stable
MIMO feedback control system, which is stable only up to a maximal feedback gain.
For the honeycomb panel, when the feedback loops are closed with progressively higher
control gains, 20 to 30 dB additional reductions of both kinetic energy and radiated sound
power are predicted in the frequency range from 400 Hz to 2000 Hz. Below 400 Hz the hon-
eycomb panel response is stiffness-controlled and drops rapidly with decreasing frequency.
As a result, there is nearly no low frequency control spillover produced by the actuators.
Figure 5.16 shows the broad-band reductions in panel kinetic energy and radiated sound
power for a range of feedback gains, which are set to be uniform over all feedback loops.
Both the results for the aluminium and the honeycomb panel show a typical performance
curve with a single control optimum [23, 19].
115The plot in Figure 5.16(a), for the aluminium panel, shows that the reductions achieved in
panel kinetic energy are larger than those in radiated sound power. This is because not all
resonant modes are efﬁcient radiators of sound. Reduction in the response of non-radiating
modes contribute the overall reduction in kinetic energy but not to the reduction of radiated
sound power. Also as shown in Figure 5.15(c) the efﬁciently radiating modes occur at high
frequencies where feedback control is not effective.
The results also show that the control system becomes unstable for lower gains than those
that would produce optimal control performance. The results in Figures 5.15(a) and (c) are
those for the optimal/stable uniform feedback gain of 14 that can be applied to the control
units when installed on the aluminium panel. This gain is chosen to be slightly lower than
the maximal stable gain, given in Table 5.5, since the control system with maximal stable
uniform feedback gain produces already produces high low frequency control spillover.
The plot in Figure 5.16(b), for the honeycomb panel, shows that the broad-band reductions
of kinetic energy and radiated sound power produced by the decentralised control system
are similar to each other. This is because all modes of the honeycomb panel resonate at
frequencies above the acoustic coincidence frequency, so that all resonant modes radiate
sound efﬁciently. A reduction of the response of any mode therefore contributes similarly to
the broad-band reduction of kinetic energy and radiated sound power. The plots also show
that the control optimum is achieved for feedback gains which are below the maximum
stable gain of the control system (see Table 5.5). Therefore in Figures 5.15(b) and (d) the
response spectra for both optimal and maximum stable feedback control gains are shown.
When the maximum stable feedback control gains are applied, signiﬁcant low frequency
spillover effects are produced by the control system.
For the aluminium panel, only relatively small broad-band reductions of the response and
radiated sound power are achieved. This is because the low frequency control spillover be-
tween 30 and 50 Hz counter-balances the active control reductions between 50 and 300 Hz.
Signiﬁcantly higher broad-band reductions, up to 15 dB, are achieved on the honeycomb
panel since the low frequency spillover effects produced by the control units are small for
the optimal gain.
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Figure 5.19: Panel kinetic (left−column) and radiated sound power (right−column) from the aluminium
panel (faint) and the honeycomb panel (thick) without active control (solid) and with active control using
current controlled actuators and optimal/stable feedback gain (dashed). For APW (θ=45◦) (top−row) , ADF
(centre − row) and TBL (bottom − row) excitation.
The results of this study also highlight that, in contrast to the maximum stable feedback
gain, which only depends on the control units and panel coupled dynamics, the optimal
control gain is also a function of the speciﬁc excitation and radiation characteristics of the
panels. As previously discussed in Section 3.4, the optimal feedback gain therefore varies
with changes in the excitation characteristics. During operation a vehicle may go through
speciﬁc operation cycles, e.g. landing, climb, cruise, approach and landing of an aircraft or
other variations such as changes in speed. It seems desirable therefore to develop a control
121sensors are mounted in the footprint of the control actuators on the opposite side of the
panels (receiving side) also using a thin layer of adhesive wax. Together the ﬁve control
units (excluding the controller) add a mass of 0.185 kg to the panels with a mass of 0.785
kg, which is an increase by 23.5%.
As shown in Figure 5.20, on the source side, the panels were excited (a) mechanically using
a shaker and (b) by the direct acoustic ﬁeld generated by a loudspeaker placed in front of
the panels at about 80 cm distance. The excitation point for the shaker excitation is that
speciﬁed in Table 5.3. In the case of shaker excitation the input force applied to the panel
was measured and used as the reference excitation signal. For the acoustic excitation, the
voltage input to the loudspeaker was measured and used as the reference excitation signal.
The effects introduced by the loudspeaker and by the source room responses have been
considered by correcting the measured responses on the receiver side of the panel with the
magnitude of the transfer function between the loudspeaker input voltage and the spatially
averaged sound pressure measured in close proximity to the panel surface on the source
side.
a) b)
Figure 5.20: Set-ups for shaker excitation (a) and loudspeaker excitation (b).
As shown in Figure 5.21(a), on the receiver side a laser vibrometer was used to measure the
response of the panel on a grid of 16x20 points. The panel kinetic energy and radiated sound
power are estimated from these measurement using the formulations for the ’elemental ap-
proach’ described in Chapter 2. The panel is assumed to be subdivided into a uniform grid
of elements and the grid of measured panel velocities represents the velocities at the centres
of these elements. The panel kinetic energy and radiated sound power are then estimated
using Equations (2.11) and (2.14) respectively.
123As shown in Figure 5.21(b), the radiated sound power was also estimated from sound pres-
sure measurements made on a hemispherical array with nine microphones under semi-
anechoic conditions in the receiving room. The procedure employed followed those de-
scribed in the relevant ISO standard [65]; it should be noted however that the receiving
room used does not meet the strict standard requirements and that the chosen microphone
arrangement is also different from that described in the ISO standard as the microphones
are at a distance of only 60 cm from the centre of the panel.
a) b)
Figure 5.21: Set-up for (a) laser vibrometer measurements and (b) microphone array measurements.
The radiated sound power obtained from the laser vibrometer measurements and from the
microphone array measurements were found to be in good agreement with each other. At
frequencies below 250 Hz, the acoustic measurements were found to be slightly contam-
inated by the resonant response of the receiving room. This is an expected effect as the
30 cm deep foam wedges used to treat the surfaces in the receiving room are only efﬁcient
above about 250 Hz where the wedge depth exceeds a quarter of the acoustic wavelength.
The laser vibrometer measurements are largely independent from any background noise or
from the properties of the receiving room. Also the honeycomb panel was found to have a
strong radiation directivity so that a sampling using nine microphones may not yield sufﬁ-
cient resolution. For this reason only the results from the laser vibrometer measurements
are presented and discussed in the thesis. The results from the microphone measurements
are presented in Appendix E, together with a more detailed description of the experimental
arrangements.
124small control spillover effects at high frequencies.
a) b)
Figure 5.22: Open-loop FRFs of the control units on the aluminium panel. Thick solid lines in the Nyquist
plot mark the FRFs in the frequency range from 0 Hz to 150 Hz and the (dashed − red) line marks the unit
circle around the Nyquist stability point.
a) b)
Figure 5.23: Open-loop FRFs of the control units on the honeycomb panel. Thick solid lines in the Nyquist
plot mark the FRFs in the frequency range from 0 Hz to 3000 Hz and the (dashed − red) line marks the unit
circle around the Nyquist stability point.
As noted in the simulation studies, the Nyquist plot of the OL-FRFs of the control loops on
the honeycomb panel in Figure 5.23(b) shows the same low frequency circle on the left half-
plane as those of the aluminium panel in Figure 5.22(b). The magnitudes of the OL-FRFs in
this frequency range are very small and would hence allow for high gain margins. However,
for frequencies above about 3000 Hz, the circles of the OL-FRFs with high magnitude
migrate onto the left half-plane of the Nyquist plot and pose a more stringent limit on the
gain margin of the control loops. Thus higher control spillover effects occur at these high
frequencies than around the fundamental resonance of the actuator.
126a) b)
Figure 5.24: Eigenvalues of the open-loop FRF matrix of the control system on the aluminium panel. Thick
solid lines in the Nyquist plot mark the FRFs in the frequency range from 0 Hz to 150 Hz and the (dashed −
red) line marks the unit circle around the Nyquist stability point.
a) b)
Figure 5.25: Eigenvalues of the open-loop FRF matrix of the control system on the honeycomb panel. Thick
solid lines in the Nyquist plot mark the FRFs in the frequency range from 0 Hz to 3000 Hz and the (dashed−
red) line marks the unit circle around the Nyquist stability point.
The eigenvalues for the control system mounted on the honeycomb panel given in Figure
5.25(b) show similar characteristics to the OL-FRFs for the individual feedback loops in
Figure 5.23. The low frequency circles on the left hand side of the Nyquist plot are slightly
inﬂated. However this may be due to numerical instability caused by the low magnitude of
the measured OL-FRFs of the control system in this frequency range. As discussed for the
OL-FRFs of the individual feedback loops in Figure 5.22, it is the high frequency circles of
the systemeigenvalues, which limit the gain margin and determine the control spillover. The
high frequency circles of the OL-FEVF in the Nyquist plot in Figure 5.25(b) are only very
slightly inﬂated compared with those in Figure 5.23(b), which indicates only little cross-
128As found in the simulation study presented above, the measured sound radiation spectrum of
the aluminium panel is characterised by many resonances peaks and anti-resonances troughs
which are due to the superposition of contributions of low order structural modes that poorly
radiate sound below the acoustic critical frequency at about 7500 Hz. In contrast at low and
mid audio frequencies the sound radiation of the honeycomb panel is characterised by a few
well separated low order resonances, which are efﬁciently radiating modes, since they all
resonate above the acoustic critical frequency of about 400 Hz.
The plots in Figure 5.26 also show the measured responses and sound radiation spectra of
the two panels with attached open loop and closed loop velocity feedback control units. The
passive effects of the open loop control units shift the resonance frequencies of low order
modes downwards, due to the added point masses. Also, the amplitudes of the resonant
modes are signiﬁcantly reduced over a wide frequency range due to passive damping effects.
Above the fundamental resonance of the actuators, the magnet proof-mass acts as an inertial
reference so that both mechanical and electrical damping effects are produced. Mechanical
damping is caused by the air being squeezed in and out the ring cavity in the magnet mass
by the vibration of the coil. Electric damping is induced by the back e.m.f. effect in the
coil. The shift of low frequency resonances and the broad-band damping effects due to the
passive action of the control actuators can also be seen in the 1/3 octave band spectra in
Figure 5.27.
The simulated responses for panels with open loop control loops in Figure 5.15 do not
exhibit considerable high frequency broad-band reductions due to damping effects. It is
believed that the high broad-band damping effects measured experimentally may be due to
the non-linear response of the open-loop control units as shown in Figure 4.6. The model
of the control units does not capture these non-linear effects and further studies on the
base response of the control units would be necessary to get a better understanding of this
phenomenon.
AsshownonthelefthandsideofFigures5.26and5.27, forthealuminiumpanelwithclosed
feedback loops, additional reductions of both kinetic energy and radiated sound power are
achieved in the frequency range from 80 Hz to 200 Hz. In particular, in the 125 Hz 1/3
octave band containing the panel fundamental resonance frequency, the kinetic energy and
radiated sound power is reduced by more than 10 dB to give a total reduction due to active
and passive effects of more than 20 dB. In the frequency region between 20 and 63 Hz,
feedback control results in enhancement of the panel response and radiated sound power;
132particularly in the 50 Hz 1/3 octave band the panel kinetic energy and radiated sound power
are increased by about 10 dB. As discussed in Sections 5.2.2 and 5.3.2, this is due to the
control spillover effects around the fundamental resonance of the actuators.
As shown on the right hand side of Figures 5.26 and 5.27, for the honeycomb panel with
closed-loop feedback control units, additional reductions of both kinetic energy and radiated
sound power are achieved in the frequency range between 630 Hz to 1600 Hz. In particular
in the 800 Hz 1/3 octave band that contains the panel fundamental resonance frequency,
the kinetic energy and radiated sound power are reduced by about 4 dB to give a total
reduction, due to passive and active effects, of more than 10 dB. Below 500 Hz the response
of the honeycomb panel is stiffness-controlled and drops rapidly as frequency decreases. As
discussed in Sections 5.2.2 and 5.3.2, in this case, little low frequency control spillover is
produced by the closed-loop control units.
Figure 5.28 shows the difference between the panel kinetic energy and radiated sound power
spectra of the plain aluminium panel and of the honeycomb panel with the control units im-
plementing the manually tuned feedback gains. This comparison shows that the honeycomb
panel is characterised by much lower kinetic energy at low and mid audio frequencies and
much lower radiated sound power at low audio frequencies. The levels of radiated sound
power at mid audio frequencies are similar for both plain panels. In this frequency region
the radiated sound power of the honeycomb panels is considerably reduced by the feedback
control units so that the honeycomb panel with active control radiates less sound than the
plain aluminium panel. As shown in Figure 5.27, in the mid audio frequency range the
response and radiated sound power of the aluminium panel with control units is also con-
siderably reduced, predominantly due to the control unit passive effects. It can therefore
be concluded that for shaker excitation, in the mid audio frequency range, both panels with
installed feedback control units radiate similar levels of sound power. Above 4 kHz the
honeycomb panel radiates more sound than the aluminium panel for each conﬁguration.
133frequency range to similar or even lower levels than those of the aluminium panel.
• Section 5.3 presented the results from experimental studies in a transmission chamber
on the two panels with and without AVC system.
The results show that considerable broad-band reductions of kinetic energy and radi-
ated sound power are produced by the passive and active effects of the control units.
For the aluminium panel, signiﬁcant reductions are achieved in the low audio fre-
quency range between 80 Hz and 250 Hz. For the honeycomb panel, considerable
reductions are achieved in the mid audio frequency range between 500 Hz and 1600
Hz.
The results from the experimental study validated the simulation results. The active
panel model used in the simulation study captures all important physical effects. The
effects that are not captured in the model are the non-linear actuator dynamics that
produce broad-band damping with the open loop control units and also the control
unit mounting resonance, which imposes the current stability limits for the control
system on the honeycomb panel.
Further studies are needed to optimise the high frequency stability of the control sys-
tem on the honeycomb panel and to yield a better understanding of the considerable
broad band damping effects of the passive control units.
139cially if high feedback gains are applied such that the contributions of lower order modes is
largely cancelled. Simulation studies [23] showed that a large number of modes with natu-
ral frequencies up to 50 times the highest observation frequency are required to describe the
response of panels with feedback control forces adequately. Preumont [38] suggested that
the point and transfer responses on a structure can be calculated from the sum of dynamic
and residual terms which implies that the mobility can be expressed as
˜ Yi,j(ω) = jω
 
˜ Gdyni,j(ω) + ˜ Gresi,j
 
, (A.1)
where ˜ Gdyni,j and ˜ Gresi,j are the dynamic and residual point and transfer receptances be-
tween the panel locations i and j. The expansion formulation for the dynamic receptance is
given by
˜ Gdyni,j(ω) =
Ndyn  
r=1
φr (xi,yi)φr (xj,yj)
M (ω2
r (1 + jη) − ω2)
, (A.2)
where Ndyn is the total number of dynamic modes considered in the summation, ωr is the
rth natural frequency and φr(xi,yi) and φr(xj,yj) are the rth natural mode at the panel
locations i and j respectively. Also M is the total mass of the panel. The dynamic recep-
tance is a function of the excitation frequency ω; it is therefore calculated for the entire
range of observation frequencies. Hence the computational effort increases with the num-
ber of observation frequencies and also with the number of dynamic modes considered in
the summation. For modes with natural frequencies well above the highest observation
frequency, only the stiffness and damping terms are of importance for the response of the
panel, while the mass terms can be neglected. Thus the modal expansion formulation for
the residual panel element receptance is given by
˜ Gresi,j =
Nres  
r=Ndyn+1
φr (xi,yi)φr (xj,yj)
M (ω2
r (1 + jη))
. (A.3)
Since the term under the sum in the residual receptance ˜ Gresi,j is independent of the excita-
tion frequency, it only needs to be computed once for each panel location, which can reduce
the computational effort. For convenience the formulations for the velocity response of a
number of locations on the panel can be cast into a vector/matrix expression. For example
the mobility matrix ˜ Yee containing point and transfer mobility functions is given by
148˜ Yee(ω) = jω
 
˜ Gee,dyn(ω) + ˜ Gee,res
 
. (A.4)
Considering Equation (A.2), the dynamic receptance matrix ˜ Gee,dyn(ω) is calculated from
the diagonal frequency-dependent matrix ˜ Ωdyn(ω) and the fully populated frequency in-
dependent Φe,dyn matrix of the dynamic mode shapes at the element centre positions, so
that
˜ Gee,dyn(ω) = Φe,dyn ˜ Ωdyn(ω)Φ
T
e,dyn. (A.5)
The diagonal matrix ˜ Ωdyn(ω) is assembled from the terms
˜ Ωrdyn(ω) =
1
M (ω2
r (1 + jη) − ω2)
, (A.6)
where the mode index r ranges from r = 1 to the maximum number of dynamic modes
r = Ndyn. Therefore ˜ Ωdyn(ω) is a square diagonal matrix with dimensions [Ndyn × Ndyn].
The matrix of dynamic natural modes at the element centre locations Φe,dyn is assembled
from
Φi,rdyn = φr (xi,yi), (A.7)
where the mode index r ranges from r = 1 to the maximum number of dynamic modes
r = Ndyn and the element index i ranges from i = 1 to i = Ne to yield Φe,dyn as a matrix of
dimensions [Ne,Ndyn]. The residual receptance matrix ˜ Gee,res is calculated from the diago-
nal frequency-independent residual matrix ˜ Ωres and the fully populated residual modeshape
matrix Φe,res
˜ Gee,res = Φe,res ˜ ΩresΦ
T
e,res, (A.8)
where the residual matrix ˜ Ωres is assembled from terms
˜ Ωrres =
1
M (ω2
r (1 + jη))
. (A.9)
Here the mode index r ranges from r = (Ndyn + 1) to the maximum number of residual
modes considered r = Nres. Therefore ˜ Ωres is a square diagonal matrix of dimensions
[(Nres − Ndyn) × (Nres − Ndyn)]. Analogous to equation (A.7) the natural mode matrix
149Table A.1: Constants for the the variables G, H and J for plates with pinned, clamped and free boundary
conditions on each edge; taken from [47].
Boundary
conditions
n G H J
P-P-P-P
(all side pinned)
w(0) = 0
w′′(0) = 0
w(L) = 0
w′′(L) = 0
1,2,3,... n n2 n2
C-C-C-C
(all side clamped)
w(0) = 0
w′(0) = 0
w(L) = 0
w′(L) = 0
1 1.506 1.248
2,3,4... n + 1
2
 
n + 1
2
 2 ×
 
1 − 4
(2n+1)π
 
F-F-F-F
(all sides free)
w′′(0) = 0
w′′′(0) = 0
w′′(L) = 0
w′′′(L) = 0
even 0 0 0
rocking 0 0 12/π2
1 1.506 1.248 5.017
2,3,4... n + 1
2
 
n + 1
2
 2
×
 
1 − 4
(2n+1)π
 
 
n + 1
2
 2
×
 
1 + 12
(2n+1)π
 
Note that the ﬁrst values for γ in Table A.2 can be determined using numerical root-ﬁnding
methods, where it is important to yield results with a high precision. For values larger than
10 the numerical methods can fail to determine the roots correctly. For i greater than 10, γi
is given by
γi =
(4i + 1)π
2
for tan
 γi
2
 
− tanh
 γi
2
 
= 0, (A.18)
and as
γi =
(4i − 1)π
2
for tan
 γi
2
 
+ tanh
 γi
2
 
= 0 (A.19)
respectively.
152Table A.2: Characteristic beam functions for a plate with pinned, clamped and free boundary conditions on
all edges; taken from [47].
Boundary
conditions
φ1,3,5...(x) with i = (n + 1)/2 φ2,4,6...(x) with j = (n/2)
P-P-P-P
(all side pinned)
w(0) = 0
w′′(0) = 0
w(L) = 0
w′′(L) = 0
φn(x) =
√
2sin
 
nπx
lx
 
C-C-C-C
(all side clamped)
w(0) = 0
w′(0) = 0
w(L) = 0
w′(L) = 0
φn(x) =
√
2
 
cos
 
γi
 
x
lx − 1
2
  
+kn cosh
 
γi
 
x
lx − 1
2
   
φn(x) =
√
2
 
sin
 
γi
 
x
lx − 1
2
  
+kn sinh
 
γi
 
x
lx − 1
2
   
kn =
sin(
γi
2 )
sinh(
γi
2 )
with
tan
 γi
2
 
+ tanh
 γi
2
 
= 0
kn = −
sin
￿γj
2
￿
sinh
￿ γj
2
￿
with
tan
 γj
2
 
− tanh
 γj
2
 
= 0
F-F-F-F
(all side free)
w′′(0) = 0
w′′′(0) = 0
w′′(L) = 0
w′′′(L) = 0
φeven(x) = 1
φrocking(x) =
√
3(1 − 2x
l )
φn(x) =
√
2
 
cos
 
γi
 
x
lx − 1
2
  
+kn cosh
 
γi
 
x
lx − 1
2
   
φn(x) =
√
2
 
sin
 
γi
 
x
lx − 1
2
  
+kn sinh
 
γi
 
x
lx − 1
2
   
kn = −
sin(
γi
2 )
sinh(
γi
2 )
with
tan
 γi
2
 
+ tanh
 γi
2
 
= 0
kn =
sin
￿ γj
2
￿
sinh
￿γj
2
￿
with
tan
 γj
2
 
− tanh
 γj
2
 
= 0
153SE(ω) =
1
2
Ne  
i=1
ρhAe lim
T→∞
E
 
1
T
˜ ˙ w
∗
(xi,yi,ω) ˜ ˙ w(xi,yi,ω)
 
(B.56)
where Ae denotes the area of a single panel element and ˜ ˙ w(xi,yi,ω) is the transverse ve-
locity of the i-th element. Using the vector formulation for the elemental velocities given in
Equation (B.18) the expression for the power spectral density becomes
SE(ω) =
Me
2
Ne  
i=1
lim
T→∞
E
 
1
T
˜ ˙ w
∗
i(ω) ˜ ˙ wi(ω)
 
=
Me
2
trace

  

lim
T→∞
E

  

1
T

  

˜ ˙ w1
. . .
˜ ˙ wNe

  

 
˜ ˙ w
∗
1     ˜ ˙ w
∗
Ne
 

  


  

=
Me
2
trace
 
lim
T→∞
E
 
1
T
 
˜ ˙ we˜ ˙ w
H
e
   
=
Me
2
trace
 
lim
T→∞
E
 
1
T
 
Φe˜ ˙ a˜ ˙ a
H
Φ
T
e
   
=
Me
2
trace
 
Φe lim
T→∞
E
 
1
T
 
˜ ˙ a˜ ˙ a
H  
Φ
T
e
 
=
Me
2
trace
 
Φe˜ S˙ a˙ a(ω)Φ
T
e
 
, (B.57)
where ˜ S˙ a˙ a(ω) is the [N × N] matrix of power and cross-spectral densities of the modal
velocities. According to Equation (B.18) the vector of modal velocities is given by
˜ ˙ a = ˜ ΩΦ
T
e ˜ Fe, (B.58)
thus ˜ S˙ a˙ a(ω) can be written as
˜ S˙ a˙ a(ω) = lim
T→∞
E
 
1
T
 
˜ ˙ a˜ ˙ a
H  
= lim
T→∞
E
 
1
T
˜ Ω
HΦ
T
e ˜ Fe˜ F
H
e Φe ˜ Ω
 
= ˜ ΩΦ
T
e lim
T→∞
E
 
1
T
˜ Fe˜ F
H
e
 
Φe ˜ Ω
H
= ˜ ΩΦ
T
e ˜ Sfefe(ω)Φe ˜ Ω
H, (B.59)
167where Rrad is the elemental radiation impedance matrix as deﬁned in Equations (B.43) to
(B.46). Equation (B.69) can be rewritten to give
SP(ω) = 2trace
 
lim
T→∞
E
 
1
T
˜ ˙ we ˜ ˙ w
H
e Rrad
  
= 2trace
 
lim
T→∞
E
 
1
T
Φe ˜ ˙ a˜ ˙ a
H
Φ
T
e Rrad
  
= 2trace
 
Φe ˜ S˙ a˙ aΦ
T
e Rrad
 
, (B.70)
where the [N ×N] matrix of power and cross-spectral densities of the modal velocities ˜ S˙ a˙ a
is derived in Equation (B.59), so that:
SP(ω) = 2trace
  
Φe ˜ ΩΦ
T
e ˜ Sfefe Φe ˜ Ω
H Φ
T
e,r
 
Rrad
 
= 2trace
  
˜ Yee ˜ Sfefe ˜ Y
H
ee
 
Rrad
 
, (B.71)
where ˜ Yee is the [Ne × Ne] matrix of element point and transfer mobilities and ˜ Sfefe is the
matrix containing the power and cross-spectral densities of the element excitation forces
given in Equation (B.60).
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Figure C.3: Actuator schematic view.
to be rigidly attached to the structure and includes both the actuator base mass and the mass
of the control sensor. Also, ˜ ˙ wc is the velocity of the structure at the point where the control
unit is mounted and ˜ ˙ wm2 is the velocity of the actuator proof-mass m2. ˜ fc is the effective
control force acting on the structure, ˜ fm2 is the force acting on the actuator proof-mass m2
and ˜ fa is the force developed by the actuator voice coil motor. The velocity of the actuator
proof-mass is given by
˜ ˙ wm2 = ˜ Z
−1
m2fm2, (C.3)
where ˜ Zm2 = jωm2 is the impedance of the actuator proof-mass. Substituting Equation
(C.3) into Equation (C.1) and (C.2) gives
˜ fc = −
 
˜ Zs + ˜ Zm1
 
˜ ˙ wc + ˜ Zs ˜ Z
−1
m2fm2 + ˜ fa (C.4)
˜ fm2 = ˜ Zs ˜ ˙ wc − ˜ Zs ˜ Z
−1
m2fm2 − ˜ fa. (C.5)
The force on the actuator proof-mass can therefore be written as
˜ fm2 =
 
1 + ˜ Zs ˜ Z
−1
m2
 −1
˜ Zs ˜ ˙ wc −
 
1 + ˜ Zs ˜ Z
−1
m2
 −1
˜ fa. (C.6)
Substituting Equation (C.5) into Equation (C.4) yields the control force fc as
174˜ fa = ΨIa =
ΨUa
˜ Ze
−
Ψ2
˜ Ze
( ˜ ˙ wc − ˜ ˙ wm2). (C.15)
Assuming velocity feedback, the driving voltage is given by
Ua = − ˜ Cg ˜ ˙ wc, (C.16)
so that
˜ fa = −
Ψ ˜ Cg
˜ Ze
˜ ˙ wc −
Ψ2
˜ Ze
( ˜ ˙ wc − ˜ ˙ wm2). (C.17)
Since the force produced by a voltage-driven voice coil motor depends on the back emf
force, which is a function of the difference between the control velocity ˜ ˙ wc and the ve-
locity of the actuator proof mass ˜ ˙ wm2, the force balance in Equations (C.1) and (C.2) is
reformulated to give
˜ fc = −
 
˜ Zs + ˜ Zm1
 
˜ ˙ wc + ˜ Zs ˜ ˙ wm2 −
Ψ ˜ Cg
˜ Ze
˜ ˙ wc −
Ψ2
˜ Ze
˜ ˙ wc +
Ψ2
˜ Ze
˜ ˙ wm2 (C.18)
˜ fm2 = ˜ Zs ˜ ˙ wc − ˜ Zs ˜ ˙ wm2 +
Ψ ˜ Cg
˜ Ze
˜ ˙ wc +
Ψ2
˜ Ze
˜ ˙ wc −
Ψ2
˜ Ze
˜ ˙ wm2. (C.19)
Substituting the expression for the velocity of the actuator proof mass in Equation (C.3) in
to (C.18) gives
˜ fc = −
 
˜ Zs + ˜ Zm1
 
˜ ˙ wc + ˜ Zs ˜ Z
−1
m2fm2 +
Ψ ˜ Cg
˜ Ze
˜ ˙ wc −
Ψ2
˜ Ze
˜ ˙ wc +
Ψ2
˜ Ze
˜ Z
−1
m2fm2 (C.20)
˜ fm2 = ˜ Zs ˜ ˙ wc − ˜ Zs ˜ Z
−1
m2fm2 +
Ψ ˜ Cg
˜ Ze
˜ ˙ wc +
Ψ2
˜ Ze
˜ ˙ wc −
Ψ2
˜ Ze
˜ Z
−1
m2fm2. (C.21)
The force acting on the actuator proof mass can therefore be written as
177˜ fm2 =
 
1 + ˜ Zs ˜ Z
−1
m2 +
Ψ2
˜ Ze
˜ Z
−1
m2
 −1
˜ Zs ˜ ˙ wc
+
 
1 + ˜ Zs ˜ Z
−1
m2 +
Ψ2
˜ Ze
˜ Z
−1
m2
 −1 Ψ ˜ Cg
˜ Ze
˜ ˙ wc
+
 
1 + ˜ Zs ˜ Z
−1
m2 +
Ψ2
˜ Ze
˜ Z
−1
m2
 −1 Ψ2
˜ Ze
˜ ˙ wc. (C.22)
Substituting Equation (C.22) into Equation (C.20) yields the control force fc as
˜ fc = −
 
˜ Zs + ˜ Zm1
 
˜ ˙ wc
+ ˜ Zs ˜ Z
−1
m2
 
1 + ˜ Zs ˜ Z
−1
m2 +
Ψ2
˜ Ze
˜ Z
−1
m2
 −1
˜ Zs ˜ ˙ wc
+ ˜ Zs ˜ Z
−1
m2
 
1 + ˜ Zs ˜ Z
−1
m2 +
Ψ2
˜ Ze
˜ Z
−1
m2
 −1 Ψ ˜ Cg
˜ Ze
˜ ˙ wc
+ ˜ Zs ˜ Z
−1
m2
 
1 + ˜ Zs ˜ Z
−1
m2 +
Ψ2
˜ Ze
˜ Z
−1
m2
 −1 Ψ2
˜ Ze
˜ ˙ wc
−
Ψ ˜ Cg
˜ Ze
˜ ˙ wc
−
Ψ2
˜ Ze
˜ ˙ wc
+
Ψ2
˜ Ze
˜ Z
−1
m2
 
1 + ˜ Zs ˜ Z
−1
m2 +
Ψ2
˜ Ze
˜ Z
−1
m2
 −1
˜ Zs ˜ ˙ wc
+
Ψ2
˜ Ze
˜ Z
−1
m2
 
1 + ˜ Zs ˜ Z
−1
m2 +
Ψ2
˜ Ze
˜ Z
−1
m2
 −1 Ψ ˜ Cg
˜ Ze
˜ ˙ wc
+
Ψ2
˜ Ze
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1 + ˜ Zs ˜ Z
−1
m2 +
Ψ2
˜ Ze
˜ Z
−1
m2
 −1 Ψ2
˜ Ze
˜ ˙ wc. (C.23)
Rearranging Equation (C.23) and combining the passive and the active terms, which contain
the feedback control function, results in
178˜ ˙ wc = −˜ Yc ˜ Zpassive ˜ ˙ wc − ˜ Yc ˜ Zactive ˜ C g ˜ ˙ wc (C.28)
As discussed previously, both passive and active impedance functions depend on the type
of control signal that is used, i.e. if current or voltage is supplied to the voice coil motor.
Assuming an input current proportional to velocity ˜ Ia = − ˜ C g ˜ ˙ wc, Equation (C.28) gives
˜ ˙ wc = −˜ Yc ˜ ZpassiveI ˜ ˙ wc + ˜ Yc ˜ ZactiveI ˜ Ia. (C.29)
The open loop frequency response function ˜ HI for a single current-controlled feedback loop
with unit feedback is given by
˜ HI =
˜ ˙ wc ˜ C
˜ Ia
=
˜ Yc ˜ ZactiveI ˜ C
1 + ˜ Yc ˜ ZpassiveI
, (C.30)
which is
˜ HI =
˜ Yc ˜ C Ψ
 
1 −
˜ Zs
˜ Zm2+ ˜ Zs
 
1 + ˜ Yc
 
˜ Zs + ˜ Zm1 −
˜ Z2
s
˜ Zm2+ ˜ Zs
 . (C.31)
Similarly assuming a velocity proportional input voltage, ˜ Ua = − ˜ C g ˜ ˙ wc the open loop
response function for a single feedback loop is given by
˜ HU =
˜ ˙ wc ˜ C
˜ Ua
=
˜ Yc ˜ ZactiveU ˜ C
1 + ˜ Yc ˜ ZpassiveU
, (C.32)
which is
˜ HU =
˜ Yc ˜ C Ψ
˜ Ze
 
1 −
˜ Zs+ Ψ2
˜ Ze
˜ Zm2+ ˜ Zs+ Ψ2
˜ Ze
 
1 + ˜ Yc
 
˜ Zs + ˜ Zm1 + Ψ2
˜ Ze −
￿
˜ Zs+ Ψ2
˜ Ze
￿2
˜ Zm2+ ˜ Zs+ Ψ2
˜ Ze
 . (C.33)
180wherem′′ isthetotal panelmassperunit area, Gisthe transversecoreshearmodulus and, as
shown in Figure D.1, d is the distance between the face-plates neutral axis, which assuming
that d is much larger than the thickness of the face-plates is also used to represent the core
thickness. D1 is the bending stiffness of the cross-section and D2 is the bending stiffness of
an individual face-plate. These ﬂexural stiffness terms are given by
(a) D1 =
Ed2hf
2
 
1 − ν2
f
 , (b) D2 =
Eh3
f
12
 
1 − ν2
f
 . (D.3)
where hf << d is the face-plate thickness.
d
total h f h
Figure D.1: Sketch of sandwich panel cross section geometry.
Equation (D.1) has one real and two imaginary pairs of axi-symmetric solutions. For sim-
plicity the mode shapes of the honeycomb panel in the x- and y-directions are assumed to
be those of a corresponding thin beam with free boundary conditions and it is assumed that
the equivalent ﬂexural rigidity D, is given by
D =
ω2 m′′
k4 , (D.4)
where the wavenumber k in Equation (D.4) is the real wavenumber solution of Equation
(D.2), which corresponds to travelling waves. The imaginary wavenumber solutions to
Equation (D.1) correspond to decaying near-ﬁeld waves, which are neglected in the model.
According to References [61, 63] the natural frequencies of an anisotropic rectangular panel
can be estimated as
ωm,n =
π2
√
m′′
 
Dx
 
Gm
lx
 4
Dy
 
Gn
ly
 4
+
2JmJn + 2ν(HmHn − JmJn)
(lxly)2 α
 
DxDy, (D.5)
In the above equation the parameters G, J and H depend on the mode order in x- and y-
directions, m and n, and the boundary conditions, which for this study are chosen as those
for free boundary conditions [47, 48] (compare Appendix 2, Section A.2). The parameter α
184Table D.2 gives the experimentally determined and simulated natural frequencies and cor-
responding modal identiﬁcation, where mode orders of -1 correspond to whole body trans-
verse modes, mode orders of 0 correspond to rigid body rocking modes and mode orders of
1 and above correspond to bending modes. In the x-direction three isolated modes, [1,-1] at
597.3 Hz, [2,-1] at 1292 Hz and [4,-1] at 2717 [Hz] were identiﬁed. Equation 5.1 was used
to ﬁt the panel parameters in the x-direction to the measured natural frequencies. In the
y-direction only one isolated mode, [-1,1] at 939.9 Hz was clearly identiﬁable; the natural
frequency at 2151 Hz is assumed to correspond to the [-1,2] mode but could not be clearly
identiﬁed. The combined information of sequential mode order and isolated modes allowed
the model parameters to be chosen to yield a reasonably good agreement between measured
and predicted response. Knowledge of the panel geometry, manufacturer material speciﬁca-
tions, experimental natural frequencies and modes allowed a set of model parameters to be
determined that yield good agreement between predicted and measured structural response
of the honeycomb panel used in the experimental study, which are given in Table D.1.
For veriﬁcation the transfer mobilities between the force at point I and the response at II,
III, IV and V (see Figure D.2) were measured using a B&K type 4375 accelerometer and
comparedwiththeresultsofthepredictionmodel. Boththemeasuredandsimulatedtransfer
mobilities are shown in Figure D.5. One should note that the locations of the points IV and
V in the simulation were chosen to be slightly offset from the panel centre in the x− and
y−directions in order to capture the response of the [0,0] mode. All four transfer mobilities
show a good general agreement between measured and simulated results and indicate that
the sandwich composite model and chosen model parameters yield reliable results in the
observed frequency range.
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Figure D.3: Measured (faint) and simulated (solid) point mobility for the freely supported honeycomb test
panel on logarithmic frequency scale.
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Figure D.4: Measured (faint) and simulated (solid) point mobility for the freely supported honeycomb test
panel on linear frequency scale.
188sampled. In the x-direction this is only satisﬁed above 1290 Hz and in the y-direction this
is only satisﬁed above 2150 Hz (compare Table D.2). Also for a specimen with dimensions
of approximately 500 mm the lower wavenumber limit for reliable estimates is therefore
k > 4π i.e. k > 12.5 rad/m.
Figure D.7 shows the simulated wavenumbers of propagating waves of the honeycomb test
panel in the x and y-directions and the experimentally estimated wavenumbers from the
correlation method. Also the dash-dotted line shows the wavenumbers that correspond to
the static bending stiffness D1 =
 
D1xD1y as a reference. For frequencies below 2000 Hz
the results from the correlation method do not give satisfactory results due to the limitations
in the test panel dimensions. Above 2000 Hz the results are also not satisfactory but support
the trends in the simulated wavenumbers which increase more rapidly with frequency than
the wavenumber that corresponds to pure cross-section bending. The results also support
the predicted divergence between the wavenumbers in the x- and y-directions with increas-
ing frequency which is a result of the different transverse shear moduli in the two panel
directions.
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Figure D.7: Experimentally estimated and simulated bending wavenumbers of the honeycomb test panel.
Experimental x-direction (black − circles), y-direction (cyan − squares); Simulated x-direction (solid −
line), y-direction (dashed − line) and wavenumber for constant static stiffness D1 (dash − dotted − line).
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Figure E.3: Schematic front view of the aluminium test frame from the source room side, where the square
indicates the excitation point and circles mark the location of the control units.
Figure E.4 shows the schematic of the test frame cross-section with mounting of (a) the
honeycomb panel and (b) aluminium panel. The honeycomb panel is clamped between the
base and the cover frame sections which are separated by the brace frame. To clamp the
honeycomb panel in the test frame without putting extensive stresses on the outer edges,
rubber bands were inserted along the panel perimeter. The aluminium panel is directly
clamped between the base and the cover frame. As indicated in Figure E.4(b) the aluminium
panel only overlaps with the test frame sections by about 1/2 inch (12.7 mm) along each
edge unfortunately. This caused uneven stress distribution in the test frame when the base
and cover frame were friction-locked by tightening the 18 screws. This introduced uneven
in-plane loading on the aluminium panel.
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1.6 mm
Figure E.4: Schematic view of the aluminium frame cross-section with (a) honeycomb panel and (b) the
aluminium panel.
195receiver side of the panel with the magnitude of the transfer function between the loud-
speaker input voltage and the spatially averaged sound pressure measured in close proxim-
ity to the panel surface on the source side. These correction spectra are shown in Figure E.9;
they roughly resemble the inverse of the loudspeaker frequency response characteristics.
The transfer function between the loudspeaker input voltage and the sound pressure in close
proximity (2 to 5 cm distance) to the panel surface was measured at 18 randomly distributed
points for both panels. The correction terms for both panels are very similar so that it can be
assumed that the contribution ofback-radiated sound from the panels is negligible compared
with the incident sound pressure ﬁeld.
a) b) c)
Figure E.8: Pictures of the loudspeaker arrangement in the source room.
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Figure E.9: Spectra of the correction term for loudspeaker excitation. Measured for the honeycomb panel
(solid − red) and results measured for the aluminium panel (dashed − blue).
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Figure E.13: Radiated sound power measured using a grid of microphones. Aluminium panel (left) and
honeycomb panel (right), shaker excitation (top) and loudspeaker excitation (bottom).
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Figure E.14: Change in the radiated sound power measured using a grid of microphones. Aluminium panel
(left) and honeycomb panel (right); shaker excitation (top) and loudspeaker excitation (bottom).
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